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Abstract

Decarbonization and overall efficiency are two of the keywords for internal combustion engines
development. Among the others, mobility sector is facing the need to improve energy conversion reducing
the pollution. A portfolio of innovative technologies, tailored on the specific characteristics of each field of
application, appears as the best way to get the climate neutrality of the transport sector in the short and
medium term. The path of electrification of the whole mobility sector is still long and not really sustainable.
Internal Combustion Engines (ICE) can still play a very important role, but it is necessary to implement
innovative solutions and a mixing of technologies.

The aim of this research project is to study and analyse possible solutions to improve ICE efficiency reducing
pollutant emissions, with respect of some conventional and already existing engines. More specifically Low
Temperature Combustion (LTC) are taken into consideration as alternative combustion process such as Dual
fuel combustion with diesel and natural gas or biogas. It is evaluated the addition of hydrogen and also the
use of hydrogen as a fuel itself. 2-Stroke engines are compared to 4-Stroke layouts both with classic and
hybrid configuration.

Low Temperature Combustion such as Dual fuel and Reactivity Controlled Compression Ignition (RCCI)
combustion are effective in reducing emissions like Nitrogen oxides (NOx) or Soot as well as Carbon Dioxide
(CO2). Some possibilities are here tested like Dual fuel Diesel-Natural Gas with hydrogen addition up to
30%, able to reduce emissions and also increase combustion efficiency especially if compared to an
experimentally tested engine at low load. RCCI Diesel-Gasoline engine is a promising solution both in a 4-
Stroke and in a 2-Stroke engine, able to increase Brake Thermal Efficiency (BTE) in comparison to a standard
diesel engine reducing specific NOx emissions.

Different 2-Stroke engine design configurations are analysed and compared to more common 4-Stroke
solutions. Loop and uniflow scavenging system for both aircraft and vehicle application are optimised by
means of CFD 1D and 3D, enhancing the importance of the high specific power output but also addressing
some challenges in injection process to avoid short circuit through the exhaust. Some of the investigated 2-
stroke engine configurations are then analysed as a part of a hybrid power unit.

Moreover, piston bowl shape for a Diesel engine converted to run in Dual fuel mode with Diesel-Biogas 65%
is optimised to reduce NOx emissions and increase Brake Thermal Efficiency for both full and partial load.

Finally, unconventional and innovative 2-Stroke architectures are also analysed together with ultra-lean
hydrogen combustion: reverse loop scavenged with valves for high performance car, opposed piston engine
for electric generation and small loop scavenged engine for scooter application.



Nomenclature

Acronyms

2S
4S
AFR
AVL GH14D
BDC
BEV
BMEP
BSFC
BTE
CAD
CE
CFD
Cl
CNG
co
C0o2
DF
DR
EGR
EM
ETAS LA4
EVO
FC
FMEP
GHG
H2
H2 DI
HD
HEV
HPDI
ICE
IMEP
LPDI
LPSDI
LTC
NG
NGI2
NOx
OP
PD
PM
PMA P30

2-Stroke

4-Stroke

Air-Fuel Ratio

Cylinder Pressure Sensor
Bottom Dead Centre

Battery electric vehicle

Brake Mean Effective Pressure
Brake Specific Fuel Consumption
Brake Thermal Efficiency
Crank Angle Degrees

Charging Efficiency
Computational Fluid Dynamics
Compression Ignition
Compressed Natural Gas
Carbon Oxide

Carbon Dioxide

Dual Fuel

Delivery ratio

Exhaust Gas Recirculation
Electric Motor

Lambda Sensor

Exhaust Valve Overlap

Fuel Cells

Friction Mean Effective Pressure
Green House Gas

Hydrogen

Hydrogen Direct Injection
Heavy duty

Hybrid electric vehicle
High-Pressure Direct Injection
Internal Combustion Engine
Indicated Mean Effective Pressure
Low-Pressure Direct Injection
Low-Pressure Scavenged Direct Injection
Low Temperature Combustion
Natural Gas

Bosch Natural Gas Injector
Nitrogen Oxides
Opposed-Piston

Perfect Displacement

Perfect Mixing

Fuel Pressure Sensor

10



PMEP
RCCI
SE
SI
SOl
STD
TE
UHC
WEFR

Pumping Mean Effective Pressure
Reactivity Controlled Compression Ignition
Scavenging efficiency

Spark Ignition

Start of Injection

Standard Configuration

Trapping Efficiency

Unburned hydrocarbon

Water-Fuel Ratio
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1 Introduction

With escalating environmental challenges and growing energy demands, internal combustion engines have
come under scrutiny for their significant contributions to air pollution and Green House Gas (GHG)
emissions [1]. As engines continue to play a pivotal role in various sectors, it becomes imperative to seek
innovative solutions that not only reduce their environmental impact but also improve their overall
efficiency. It is imperative to investigate and explore the potential of cutting-edge technologies, including
dual-fuel combustion, low-temperature combustion, hydrogen utilization, hybridization, and the
modernization of 2-stroke cycle engines, to address these pressing concerns.

So far, human activities are responsible of an average global warming of about 1.0 °C, compared to the pre-
industrial era [2]. In 2016, the road transport sector was responsible of about 12% of the global CO2
equivalent emissions. In order to mitigate its impact, many different paths have already been followed:

e Improvement of Internal Combustion Engine brake thermal efficiency: higher compression ratios,
reduced pumping and frictions losses, waste heat recovery, innovative combustion concepts;

e Use of ultra-low-carbon print fuels: bio-fuels, e-fuels;

e Use of green hydrogen, pure or blended with other fuels in ICEs;

e Use of green hydrogen in fuel cells;

e Hybrid Electric Vehicles (HEV);

e Battery Electric Vehicles (BEV).

Every single technology is promising, but it is hard to believe that a unique solution may sweep away the
others. As an example, Battery Electric Vehicles (BEVs) may strongly reduce GHG emissions from city traffic,
especially when most of the electric energy comes from renewable sources and in presence of a widespread
charging net. However, the same solution becomes highly questionable when these conditions are missing,
or when the issues related to battery production and disposal are not adequately addressed. Moreover, the
advantages of BEVs tend to vanish as the travel range and the installed power increase, such as in trucks,
boats, aircraft, [3]

Therefore, the most likely scenario in the energy sector is the concomitance of different technologies,
where the ICE can still play an important role, as both a stand-alone mover and in hybrid electric
powertrains [4].

Diesel engines can still be a key, since they are characterized by higher Brake Thermal Efficiency compared
to Spark Ignition (SI) engines, thus providing lower CO2 emissions. Furthermore, diesel engines show
considerably lower carbon monoxide (CO) and Unburnt Hydrocarbons (UHC) emissions. The main technical
drawback that affects diesel engines is represented by NOx and Soot emissions, which impose cumbersome
and expensive after-treatment systems.

A way for reducing NOx and PM emissions of diesel engines without compromising BTE is represented by
the Low Temperature Combustion (LTC) concepts [5]. Among them, Dual Fuel (DF) with Reactivity
Controlled Compression Ignition (RCCI) has been analyzed for a wide variety of fuel combinations. Generally
speaking, DF-RCCI combustion requires a high reactivity fuel, directly injected into the combustion chamber,
for example diesel, in combination with a low reactivity fuel, typically injected into the intake ports in order
to obtain a lean premixed charge within the cylinder. The most popular low reactivity fuels are: gasoline[6],
methane or natural gas[7], ethanol, methanol, biogas with or without the addition of hydrogen [8]. The high
reactivity fuel can be diesel, biodiesel, kerosene, DME.
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The flexible nature of DF-RCCI combustion systems offers many potential benefits in terms of pollutant
emissions and CO2 reduction and mitigation of fossil fuel dependence, minimizing. the formation of soot,
and also increasing BTE, in comparison to conventional Spark Ignited and Diesel engines [9-13].

However, the researchers still have to address some issues, in particular the poor combustion efficiency that
characterizes DF operation at low loads. In these operating conditions, the premixed NG-air mixture is too
lean to guarantee the propagation of a stable and self-sustaining flame front, determining high CO and UHC
emissions and low BTE, as observed by some authors [14,15]

In this thesis, the dual fuel combustion subject is divided into 3 main sections:

o full load: RCCI Diesel-Gasoline 4-stroke engine experimentally tested and then compared with a 2S
solution;

e partial load: piston bowl shape optimization together with the injection strategy to reduce
emissions of a dual fuel diesel-biogas engine

e |ow load: improvement of combustion stability and efficiency of a dual fuel diesel-natural gas
engine experimentally tested by adding hydrogen up to 30%

The use of hydrogen as a fuel in ICEs has gained importance due to its potential to significantly reduce all
types of emissions. Hydrogen ICEs theoretically produce only water vapor, even if real engines are also
affected by the emission of NOx and Particulate Matter (PM), the last one deriving from the lubrication oil.

Due to the low availability of Hydrogen, the use of blends with CNG has been explored for both passenger
cars and Heavy Duty (HD) engines: simulations and experimental tests have been conducted by several
authors by adding a volumetric fraction of hydrogen up to 30%[16—18]. The main results of the substitution
of CNG with H2-CNG mixtures are:

e BTE improvement and CO2 emissions reduction;

e |ower cycle-by-cycle variability at low loads in stoichiometric conditions;

e extension of the high Air-to-Fuel ratio (AFR) limit of lean combustions;

e asthe H2 content increases, CO and UHC emissions tend to decrease while NOx emissions rise.

The European Green Deal [19] for the decarbonization of transport strongly supports the use of green
hydrogen, that is produced without generating CO2 emission. Hydrogen is conceived as an energy vector,
able to store in a very efficient way the energy produced by renewable sources, when such energy is not
immediately required by the electric power net. [20].

Using hydrogen as a stand-alone fuel can be very attractive for Spark Ignition (SI) 4-stroke engines, due to its
high resistance to auto-ignition and knocking [21]. However it presents a wide number of challenges such as
the reduction of volumetric efficiency, due to the bigger dimension of the H2 molecule, estimated to be up
to 30% [22] when port injected. If it is injected directly in the combustion chamber the design of the
cylinder head becomes more difficult and a proper mixing time has to be ensured.

Regarding the laminar flame speed of H2, it is almost an order of magnitude higher than gasoline: an
experimental study shows that it is very hard to operate with equivalence ratio values higher than 0.5,
without running into serious detonation issues[23].

One of the best compromises in terms of BTE and NOx emissions is found when lambda value is around 2.5-
2.9. In this ultra-lean combustion NOx emissions drop to almost zero ad the BTE values may exceed 35%.
Unfortunately, performances are strongly reduced and it is almost mandatory the use of a big turbocharger
to provide the right amount of air [24,25].
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An interesting option for the development of H2 engines is represented by the 2-stroke (2S) cycle: the
double frequency, associated to a specific design of the combustion system, permits to recover power,
without increasing pollutant emissions. Obviously, lost oil lubrication is not a practical proposition, due to
the negative impact on soot emissions: therefore, 25-H2 engines must adopt a lubrication system similar to
4-strokes, with the ensuing necessity of an external supercharger in order to pump the fresh charge into the
cylinder.

2S engines are already widely used on large bore engines, adopting uniflow scavenging with inlet ports
controlled by the piston and exhaust poppet valves, or on very small engines, with loop scavenging, without
valves. In both cases, the application of the concept to a medium size engine is not so straightforward

Other less conventional solutions are represented by cylinders with loop scavenging provided by poppet
valves for both intake and exhaust, or by the opposed piston design, where a piston controls the inlet ports,
while the other controls the exhaust. The loop scavenging with poppet valves strongly simplifies the
development of a prototype, due to its resemblance to a 4-stroke engine. Conversely, the opposed piston
layout is very efficient in terms of scavenging, but it presents challenges in the design of the combustion
chamber and of the piston-cylinder assembly.

Generally speaking, the main issue to be addressed when developing a 25-H2 engine is the optimization of
the scavenge process and the promotion of air-fuel mixing: air and fuel short-circuit must be limited as
much as possible, while the exhaust gas should be completely swept away from the cylinder. The use of
Hydrogen makes particularly dangerous the back flow of fuel in the inlet manifold, due to the risk of
backfire.

In this thesis, some different 2-Stroke architectures are analyzed, assessing pros and cons, considering
specific parameters for the characterization of the scavenge process. All the discussed paths are explored
deeply.

Another topic discussed in this thesis is the hybridization of ICEs with electric motors. For a road vehicle, the
synergy between these power sources improves drivability, enables energy recovery during vehicle braking,
permitting higher fuel efficiency and lower emissions, in particular during urban driving conditions. Hybrid
power units are interesting also for aircraft application, because they can deliver more power during take-
off or in any emergency maneuver, enabling the installation of a more compact and efficient ICE
(downsizing). Moreover, if a parallel layout is used, there is also the possibility to drive in full electric mode.
A full section of the thesis is focused on this topic, presenting the optimization of 2-Stroke engines for
aircraft application.

Finally, a section is dedicated to unconventional 2-stroke engine solutions. A reverse loop with poppet
valves for both intake ad exhaust, designed to run on hydrogen and meet high performances and near zero
NOx emissions is considered. A comprehensive comparison among different layouts is presented in term of
performances, BTE and emissions. A 4-stroke H2 engine prototype is taken as reference for experimental
measures. For electric power generation, the potential of an Opposed Piston engine fueled by hydrogen is
evaluated. The engine has been optimized with the support of both 1D and 3D CFD simulations, reaching a
maximum BTE of 50%. For low power applications, a numerical and experimental analysis has been carried
out on a 50cc crankcase scavenged 2S engine running on H2. The optimization process is conducted in
collaboration with the Technical University of Graz, owner of the experimental data, modifying the piston
shape and the injector position to reduce the short-circuit through the exhaust.
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2 2-Stroke engines architectures

The world of internal combustion engines seeks for a technological improvement of efficiency, power, and
environmental friendliness. 2-stroke engines occupy a unique and captivating niche. Their simplicity, high
power-to-weight ratios, and distinctive scavenging processes have made them a preferred choice for a wide
array of applications, from small handheld tools to high-performance racing machines and even to high
efficiency big-bore naval engines. Recently the interest in more eco-friendly alternatives like hydrogen-
powered propulsion systems is raising together with the new technical solutions.

At the heart of the 2-stroke engine's simplicity lies its ingenious scavenging process, which is responsible for
cleaning the combustion chamber from exhaust gases and replacing them with a fresh mixture of air, or air
and fuel. The scavenging process is pivotal in determining an engine's efficiency, power output, and
emissions characteristics.

In this section, the main 2-stroke engine architectures are presented, with a particular focus on four
designs: loop scavenged, uniflow scavenged, reverse loop with poppet valves, and opposed piston engines.

2.1 Loop Scavenged

This configuration relies on the motion of the piston to create a dynamic loop of airflow within the engine,
guiding exhaust gases out through the exhaust port and drawing in a fresh charge of air and fuel mixture
through the intake port. The simplicity of this design has made it a popular choice for small, lightweight
engines. While loop scavenged engines offer practicality and ease of maintenance, they are often associated
with higher emissions and relatively lower efficiency when compared to more advanced designs.
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Figure 1 : Loop scavenged ports scatch [26]
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Figure 2: Loop scavenged layout, external blower(a) and crankcase pump (b)

In Figure 1 it is showed a typical port distribution for a loop scavenged made by 5 intake ports and 2 exhaust
ports. The transfer ports 1-4 blow the fresh charge toward the wall opposite to the exhaust side, to reduce
short-circuit. T5 is very necessary to orient upward the fresh charge, while the exhaust ports can be more
freely designed, since they have to be as bigger as possible, also a single port is used. Moreover, it is
important to notice the symmetry that characterize this type of engines that is also the reason for the
formation of the tumble vortex.

The necessary delta-pressure between intake and exhaust can be guarantee from an external blower Figure
2(a) or by the moving piston itself in a more compact solution as depicted in Figure 2(b).

2.2 Uniflow Scavenged

In contrast to the loop scavenged approach, uniflow scavenged engines take a more refined path to
scavenging excellence. These engines implement a dedicated system for exhaust and intake, ensuring that
the flow of gases occurs in a continuous, one-way manner. The result is a generally improved scavenging
efficiency, reduced emissions, and increased power output.

Figure 3: uniflow scavenged layout
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In Figure 3 is reported a schematic view of a uniflow layout: intake ports surround the whole cylinder and
their opening-closing time is controlled by the piston motion, generally they are specifically oriented to
increase the swirl vortex formation. On the other side the exhaust valves are located in the cylinder head
like a 4S engine. Some design guidelines can be provided:

For the exhaust valves the critical issue for permeability is the effective area. Even if the engine speed is low,
the opening time correspond to 30% less than a 4S engine. For this point of view the higher is the number
of the valves, the better. Not only to increase the effective area but also because they will be smaller, lighter
and easier to cool down. Moreover, with more than 2 valves the injector can be located central in the head,
very important for diesel injection.

Inlet ports can be strongly optimized by the use of CFD 3D simulations, regarding ports number, dimension,
orientation angle and so on. Intake ports do not require an upsweep angle, since the piston skirt is already
driving the flow toward the cylinder head, but the angle formed between the port axis and the radial
direction is important. It is possible to increase the swirl motion, but a pocket of exhaust gas may remain in
the cylinder core. In order to achieve a good scavenging efficiency in combination with low swirl, Hori [27]
proposed an “alternate port” configuration, i.e. a sequence of one radial port and one swirling port, the
former with an upward angle of elevation, the latter with a downward angle. In general the best trade off
strongly depends on the cylinder geometry and operating conditions, since the scavenging process is guided
by the pressure difference across the cylinder [26].

2.3 Reverse Loop with Poppet Valves

A fascinating departure from conventional 2-stroke engine design is the reverse loop with poppet valves
configuration. This innovative approach combines elements of both 2-stroke and 4-stroke engine designs,
incorporating poppet valves for both intake and exhaust. Reverse loop engines with poppet valves are
particularly valuable for rapid prototyping and experimentation, as they can be directly derived from their
4-stroke counterparts with a brand-new design of the only cylinder head.

Figure 4: Reverse loop configuration
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IR THE 2/4SIGHT ENGINE CONCEPT

The 2/4SIGHT engine concept is based on an innovative design of combustion
system combined with advanced valve train and control technologies, enabling
automatic switching between two- and four- stroke operation

2/4SIGHT engine in 2-stroke mode 2/4SIGHT engine in 4-stroke mode

(] (3]
] (5]
(5] (7]

Figure 5: Ricardo 2-4 Sight concept[28]

Strong effort should be devoted to optimizing and design the valves actuation law and the intake ports
shape.

The more is possible to decouple intake and exhaust valves the more is possible to increase trapping and
scavenging efficiency reducing fresh air short-circuit. In Figure 4 is reported a possible reverse loop solution
with external supercharger, while in Figure 5 is reported the 2-4 Sight concept developed by Ricardo [28]
where is enhanced the quasi-vertical configuration of the intake duct. The air entering the cylinder is
oriented toward the cylinder liner reducing the mixing with the exhaust gasses.

2.4 Opposed Pistons

Lastly, a design revered for its scavenging efficiency and power potential is the uniflow scavenged with
opposed pistons. In this configuration, two pistons move toward each other within a single combustion
chamber, effectively squeezing out exhaust gases and drawing in fresh air-fuel mixture Figure 6. The
opposed piston layout poses challenges in terms of combustion chamber design, but the benefits in terms
of scavenging efficiency and power output have made it known as the best configuration in the 2S engines.
These engines are often found in high-performance scenarios, such as military vehicles and aerospace
propulsion systems, where maximizing power and efficiency is paramount.
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Figure 6: Opposed Piston configuration

Since intake and exhaust ports are far one from the other, the amount of fresh air that exits from the
exhaust can be strongly reduced. Intake ports are similar to the Uniflow scavenged ones while for the
exhaust ports is more important to have as much space as possible since it is mainly turbulent flow.

While the diverse landscape of 2-stroke engine architectures presents a wealth of advantages, it is not
without its challenges. Issues such as scavenging efficiency, fuel short-circuiting, and pressure differentials
between intake and exhaust require innovative solutions to optimize performance and meet stringent
emissions standards. Moreover, the risk of backfires, especially when utilizing hydrogen as a fuel source,
necessitates the incorporation of supercharging systems to ensure safe and reliable operation.

2.5 Scavenging Model

Evaluate the engine layout effectiveness and the scavenging process, as previously said, is one of the most
important challenges facing a 2-Stroke engine. Generally speaking the scavenging process follow a path in
between a Perfect Mixing (PM) and a Perfect Displacement (PD) process. The PM is an ideal process in
which as soon as the fresh air is entering the cylinder, it mixes with the exhaust gasses, the mass-flow rate
passing through the exhaust is an homogeneous mixture of residuals and fresh air. In the PD process, on the
other hand, it is supposed that the fresh air “push” away the residuals from the cylinder through the
exhaust, the air can slip out from the cylinder only when no residuals are left. It is quite evident that the PD
is the best possible condition but in real cases, after an initial phase, air and residuals tend to mix together.
Different 2S configuration try to delay this mixing process as much as possible.

Here will be analysed the fundamental hypothesis of the two models for a loop scavenged engine as in
Figure 7, but it is valid for every layout:
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Figure 7: Scavenging model main variables

In Figure 7 are reported the main parameters used in the demonstration, where dm_| is the portion of mass
entering from the intake, p.is the density of the charge in the intake ports, m is the total mass inside the
cylinder, composed by air (m_a) and residuals (m_r), dm_au is the infinitesimal mass of air exiting though
the exhaust and dm_u is infinitesimal mass of exhaust gasses exiting though the exhaust.

2.5.1 Perfect Mixing Model

Hypothesis:

Since the scavenging process starts before BDC and end after that, the piston is considered to be
blocked at BDC, so that V is the constant cylinder volume;

Constant pressure is considered upstream of the scavenge ports and downstream of the exhaust
ports, no dynamic effects are considered;

Constant temperature of the fresh charge that lead also to a constant fresh charge density, pi;
Average pressure upstream of the scavenge ports higher than the average pressure downstream of
the exhaust port = no reverse flow;

The volume of fresh charge entering the cylinder is equal to the volume leaving through the

exhaust

dm; dmg,

PL p
(1.1)
Scavenge process starts at scavenge port opening and ends at their closure
Perfect mixing hp: as the fresh charge enters the cylinder, it forms a perfectly homogeneous
mixture with the exhaust gas
dmg, m,
dm, m
(1. 2)
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(dm; —dmg,) = dm,

(1. 3)
Mg
dmg, = dmg * g
(1. 4)
Combining (1.3) and (1.4):
ma
dmg, =dm; —dm,, *F
(1.5)
p
dm, = Edml
(1. 6)
Combining (1.5) and (1.6):
1 m,
dm, —dml[l———]— [1___
P P
(1.7)

Equation (1.7) is an expression that involve, for every infinitesimal moment, the delivered fresh air and the
fresh air inside the cylinder. It is possible to further develop the expression to analyse this relation in the
whole process:

dm,
dml = - ma
piV
(1. 8)
TC TC dma
fo dml fTO 1-Ta
PlV
(1.9)
oviog. (1)
= —p V108, oV
(1. 10)

Where Ml is the total mass delivered and Ma is the amount of fresh charge inside the cylinder at the
end of the scavenging process

(1.11)
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Thanks to this definition of the perfect mixing process is it possible to define the efficiency parameters
useful to define the effectiveness of a real engine.

2.5.2 Efficiency parameters

To evaluate the scavenging effectiveness in a 4 stroke engine is generally used the volumetric efficiency
defined as the ratio between the air trapped into the cylinder and the ideal mass.

_ mair,tr
pan
(1.12)

In a 2-stroke engine this approach can be reductive since it is possible for example to have high trapping

efficiency if the air delivered is very little, or it can happen to have very high AP across the cylinder, high
delivered air flow rate and a high amount of air both in the cylinder and in the exhaust.

For this reason, 4 characteristic parameters are defined and will be used in the whole thesis:

e Delivery ratio (DR): mass delivered from the intake divided by the reference mass

m
DR = ——
PiVa
e Trapping Efficiency (TE): mass of fresh air retained in the cylinder divided by the mass of fresh air
delivered
TE = mair,tr
m,

e Scavenging Efficiency (SE): mass of fresh air retained in the cylinder divided by total in-cylinder mass
(fresh +exhaust)
SE = mair,tr
m
e Charging Efficiency (CE): mass of fresh charge trapped within the cylinder at a given crank angle,

divided by the reference mass

_ mair,tr

CE =
PV

2.5.3 Perfect Displacement Model

The main hypothesis are the same as for the perfect mixing model, except for the last one:

Perfect displacement hp: no fresh charge lost at the exhaust until the cylinder is completely filled by fresh
charge; at this condition m_Il=p_1V

Starting from the fundamental hp the DR can be also written as:

m V
pR=u _ PV _
piVa piVa
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W defined in (1.13) is known as supercharging degree: a fixed number always grater than 1.

(1.13)

During the scavenging process, for values of the DR below W, we have CE=DR and TE=1. For values of the DR
above W, we have CE= W and TE= W/DR.

-%

TRAPPING EFF.

LOOP SCAVENGING

i 3000 === 2500 =—==2000 — — PERF.DISPL

120
100
80
60

40

0.2

0.4 0.6 0.8

DELIVERY RATIO

PERF. MIX

%

TRAPPING EFF.

UNIFLOW SCAVENGING

i 3000 == 2500 == 2000 — ~ PERF.DISPL

120

100

0.2 0.4 0.6 0.8

DELIVERY RATIO

Figure 8: loop scavenging and uniflow scavenging TE comparison [27]

An interesting example of these parameters is given in Figure 8
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where the trapping efficiency of 3 operative points is compared between a loop scavenging and an uniflow

scavenging engine of the same size [26]. It is quite evident that in the former the mixing process of fresh air
and exhaust gasses started before than in the latter, at 0.5 of DR, shifting the process from an initial PD to a
more realistic PM. The final trapping efficiency of this uniflow engine is therefore higher.

In order to find a simplified correlation among the average pressure drop across the cylinder (Ap) and the
main engine parameters, the gas exchange process in a 2-Stroke engine can be idealized as a steady
phenomenon, with the piston fixed at bottom dead centre and both inlet and exhaust ports partially open,

so that the geometric area of each port corresponds to the average effective area, calculated over the cycle.
As a further simplification, the flow is assumed as uncompressible.

Mg

DR

Mg

S pVa pVan
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(1. 14)

mg =pVynDR

(1. 15)
Considering the displacement V; = A, * § it is possible to derive the sequent:
. p DR A, up
=A 2p AP = ———
Mefr = Leff * N 2P 2
(1. 16)

Where m, ¢ is the average effective mass flow rate, A.sy is the average effective area of the all ports, p is
the charge density, AP in the pressure difference across the cylinder A, is the surface area of the piston and
u, is the mean piston speed.

It is possible to define the effective area as

(1.17)

Where A,is the mean effective area of the exhaust ports and 4; is the mean effective area of the transfer
ports.

Combining equation (1. 16) and (1. 17) the following correlation can be found:

A 2
AP o p DR*u} (A—p>
eff

(1. 18)

Despite it is a simplified approach, some considerations can be made:

e the higher is the delivery ratio and the maximum mean piston speed, the more important is to have
high values of effective area, in comparison to the piston area

e charge density plays an important role, thus supercharged engines are more demanding in terms of
permeability than naturally aspirated units

e the ports average effective area can be increased both by reducing the flow losses and by increasing
the opening area itself
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3 CFD Software

3.1 Customized Software — Kiva 3V
Some of the CFD 3D calculations reported in this thesis are performed using a customized version of Kiva 3V
code [29].

Kiva 3V is particularly useful to calculate injection and ignition in simple mesh such as diesel-like
combustions.

The computational grid can be prepared with a dedicated tool named K3PREP [30]. In case of an axial-
symmetric geometry of the combustion chamber, a sector corresponding to a portion of the whole
combustion chamber can be used. The structured block mesh is then divided into 3 blocks corresponding to
the piston bowl shape, the squish portion above the bowl and the squish portion above the flat piston, as it
is reported in Figure 9. Then, for every block, every cell should be defined as a prism with its 8 vertexes and
every vertex by its X,Y,Z coordinates. As an example the general methodology is reported for the definition
of the bowl shape as in Figure 10:

1. define the block first corner at the down-left of a square to define the starting point
2. define the actual bowl outline as a combination of X,Z points
3. rotate the block through the selected angle to create the 3D grid

Ik

Figure 9: block mesh division of a KEPREP sector mesh

v
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Figure 10: bowl mesh definition methodology

The customized version of the KIVA-3V code also includes the Hybrid Kelvin—Helmholtz/Rayleigh—Taylor (KH-
RT) break-up model and a Droplet Collision model for the prediction of the spray evolution during injection
phase [31]. The combustion process is based on detailed chemical reaction mechanism and, more
specifically, for dual fuel application the model [32] is based on two sub-models: the generalised Partially
Stirred Reactor (PaSR) model [33] and the Fame Propagation model [34].

The mechanism developed to simulate the DF NG-diesel combustion is made up of 81 species and 421
reactions. The validation of the chemical kinetic mechanism was carried out according to measurements of
ignition delay times in shock-tube experiments and flame propagation data for constituent components of
NG.

The Hybrid Kelvin—Helmholtz/Rayleigh—Taylor (KH-RT) break-up model proposed by Reitz [35—-37] was
implemented in the customized version of the KIVA-3V code. It includes two break-up modes. The KH and
the RT modes. The Kelvin-Helmholtz instability is employed to model the breakup of a liquid jet or sheet
due to velocity differences within the fluid, resulting in the formation of ligaments and eventually droplets.
On the other hand, the Rayleigh-Taylor instability is utilized to describe the disintegration of a liquid column
or sheet when a denser fluid is subjected to acceleration by a lighter one, as seen in spray formation under
gravity or other external forces.

The Droplet collision model implemented in the customised version of KIVA-3V states that:

“Collision between two parcels occurs if their trajectories intersect and the intersection point is reached at
the same time, and within the integration step” [31].

To reduce the computational cost of such a droplet collision model, two further conditions must be met:

1. parcels have a chance of colliding if they are travelling one towards the other.
2. the relative distance between parcels must be greater than their radius.

The generalised Partially stirred reactor model (PaSR) operates by breaking down the reactor or combustion
chamber into a series of smaller, interconnected compartments known as Perfectly Stirred Reactors (PSRs).
Each PSR represents a specific region or zone within the reactor, characterized by similar conditions of
temperature, pressure, and chemical composition. Importantly, these PSRs are designed to capture different
levels of mixing or stirring within the reactor.

The PaSR model considers the intricate interactions between these PSRs, accounting for the movement of
reactants and products between them. This dynamic approach is crucial because combustion processes are
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not uniform; instead, they involve varying degrees of mixing, heat transfer, and reaction rates across
different regions of the reactor.

As far as the Flame Propagation model is concerned, the Turbulent Flame speed Closure (TFC) model
proposed by Lipatnikov and Chomiak [34] was implemented in the customised version of KIVA-3V. this
model is based on the PREMIX code [38] written in Fortran to calculate the laminar flame speed. This
formulation is particularly suitable for dual fuel application.

First, the laminar flame speed is evaluated by means of the PREMIX code using the Natural Gas (NG)
combustion mechanism consisting of 74 species that take part in 366 reactions, for values of ¢ between

0.5 and 1.5. The NG was assumed to be composed by a blend of CH4 C2H6 C3H8 and C4H10.
Then, the calculated laminar flame speeds were fitted to a polynomial correlation.

For the diesel injection a Diesel Oil Surrogate (DOS) model is used: it consists in representing the liquid
diesel duel through a single-component with the chemical formula corresponding to C14H28 and with a
corresponding fuel vapor modelled to be a 70/30 vol% blend of n-heptane C7H16 and toluene C7HS8. The
calculated Cetane Number (CN) of the DOS is 47, since n-heptane is about 56 and toluene is about 9.

Since the oxidation scheme of real diesel fuel is not known the single-component fuel is assumed to
decompose in the two-component fuel vapor through the following:

1.5 C14H28 + 0.5 02 =2 C7H16 + H20
(1. 19)

The detailed chemical oxidation sub-mechanisms for n-heptane and toluene consists of 70 species taking
part in 310 reactions.

The resulting oxidation mechanism of the diesel fuel model is able to adequately predict the ignition delay
time of both n-heptane and toluene, as shown in Figure 11, which compares calculated ignition delay times
for stoichiometric and lean n-heptane/air and toluene/air mixtures and shock-tube experimental data at
high pressure conditions.
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Figure 11: n-heptane and toluene ignition delay time, calculated and experimental comparison
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Acenaphthylene (C12H8), referred to as A2R5, was selected as the soot precursor. Therefore, the chemical
mechanism also includes the reaction path of the polycyclic rings formation that leads to A2R5, and then to
soot, starting from the phenyl radical (C6H5).

In order to take into account the interaction between NO, NOx and combustion chemistry, which takes place
when internal or external EGR is used, the Zeldovich reactions were added to the chemical mechanism:

NO + HO, - NO, + OH
NO, + H - NO + OH
NO, + 0 - NO + 0,

(1. 20)

3.2 Commercial Software

During my thesis, | extensively utilized GT-Power, developed by Gamma Technologies [39]. This powerful
software proved to be an invaluable tool for simulating and analysing internal combustion engines and
propulsion systems. Its comprehensive capabilities allowed me to model engine performances, and
optimize various parameters through extensive CFD 1D models.

Another essential software was Forte, developed by Ansys [40]. Forte is specialized in detailed 3D modelling
and simulation of combustion processes, particularly developed to be user-friendly and simple.

Additionally, Fire by AVL [41] is used during this thesis work. Fire is a well-regarded CFD 3D software in the
field of engine and powertrain development, known for its versatility and efficiency. It enabled me to
perform comprehensive simulations, assess various fuels and combustion strategies helping me developing
both 4-Stroke and 2-Stroke engines.
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4 LTC and Dual fuel

In the last decades, both the research community and engine manufacturers have exerted significant efforts
to develop solutions aimed at inhibiting, or at the very least, mitigating the generation of NOx and soot
emissions during the combustion process. Among the most promising techniques are Dual Fuel (DF) and
Reactivity Controlled Compression Ignition (RCCI) combustions, given their ability to achieve ultra-low NOx
emissions and exceptional Brake Thermal Efficiency (BTE). DF and RCCI combustion concepts prove
especially attractive when utilizing renewable sources or fuels with low carbon content.

Natural Gas (NG) also stands out as an excellent low reactivity fuel, boasting several key advantages:

e It primarily consists of methane (CH4), which possesses the highest hydrogen-to-carbon ratio
among hydrocarbons, resulting in minimal Carbon Dioxide (CO2) emissions.

e |t can be readily substituted with bio-methane.

e |ts Octane Number (ON) exceeds that of gasoline and alcohols, rendering it more suitable for
operation with high compression ratios.

e |t exhibits superior air mixing capabilities compared to liquids and is non-corrosive in nature.

Numerous authors have conducted investigations that demonstrate the favorable effects of employing NG
in DF operations, particularly in terms of reducing NOx and soot emissions while enhancing BTE [42-44].

As previously stated, the addition of hydrogen in the NG mixture is an interesting field of analysis:

Rahnama at al. [45] conducted an investigation to assess the impact of hydrogen-enriched intake air, with
the H2 volume fraction varying from 0% to 5%, in the context of a Heavy Duty (HD) Dual Fuel (DF) Natural
Gas (NG)-diesel engine. Their findings at low loads revealed a significant reduction in specific CO emissions,
with a reduction of approximately one order of magnitude, as well as in UHC emissions. Furthermore, with
the increase in hydrogen content, both combustion efficiency and Gross Indicated Thermal Efficiency (GITE)
exhibited substantial improvements, with GITE leaping from approximately 18.5% to about 50%.

A deeper comprehension of the DF H2-NG-diesel combustion process is provided by the work of Liu et al.,
[46] who conducted a study on the impact of hydrogen (H2) addition on combustion characteristics in an
optically accessible single-cylinder engine, divided the combustion process into five phases. They
demonstrated that H2 exhibits more pronounced effects during the early stages of combustion. The higher
combustion speed and temperature of H2 itself contribute to the evaporation and ignition of other fuels.

Additionally, dual fuel combustion is highly suitable for the utilization of agricultural fuels, such as Biogas. As
indicated in Table 1, the composition of biogas can vary significantly, contingent on the production process
and materials used. An especially crucial aspect of biogas composition is the quantity of CO2 present, which
directly influences the laminar flame speed. [47]. A large fraction of CO2 can greatly reduce it, making it
difficult to obtain regular combustion in spark ignition (SI) engines. The development of a clean and efficient
combustion system for a DF engine is typically based on the optimization of the composition of the
premixed charge (air, BG and burnt gas) and the calibration of the injection strategy [48,49].
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Table 1: Biogas general composition

Constituent Range
Methane (CHy) [vol%] 30-73
Carbon dioxide (CO;) [vol%] 2040
Nitrogen (N3) [vol%] 540
Hydrogen (Hy) [vol%] 1-3
Oxygen (O;) [vol%] 0-5
Physical Property
Density [kg/m?] 0.65-0.91
Octane number [-] 130
Auto-ignition temperature [°C] 632-813
Lower heating value [M]/Nm3] 10-25

A study on a RCCI engine fueled by diesel and NG demonstrates that as the engine load increases from low
to medium, the control of RCCl combustion becomes more and more difficult [50]: the cylinder pressure
tends to rise abruptly, generating high peaks and gradients, which increases the combustion noise and the
risk of mechanical failures. Therefore, to operate at high load is convenient to adopt a high amount of EGR
or reduce the compression ratio of the engine [51].

Other studies on RCCI combustion were focused on the different fuels that can be coupled to diesel fuel,
such as DME/CH4 [52], methanol [53] and gasoline [54]. These studies demonstrated that the optimization
of the diesel injection strategy is the key to decrease NOx and HC emissions over a wide range of DF
configurations and operating conditions.

Nevertheless, regarding the design of the combustion chamber for RCCl combustion, when using methanol
and gasoline as low-reactivity fuel, Dempsey et al. [55] proposed a shallow piston bowl and a flat cylinder
head. For both gasoline/diesel fuel and methanol/diesel fuel operation, it was found that the modified
piston yielded a 2-4% improvement in terms of the gross indicated efficiency.

Lee et al. [56] Researchers modified the combustion chamber geometry of a diesel engine to enable
operation in the Dual Fuel (DF) gasoline-diesel mode. They conducted an analysis of the diesel start-of-
injection (SOI) timing and its impact on spray tip penetration and ignition delay. The altered combustion
chamber closely resembled the original design but was shallower, resulting in a 14% reduction in gross
indicated specific fuel consumption (gISFC). Another experimental study on DF Biogas (BG)—diesel
combustion was presented in[57]. This study involved a single-cylinder engine operating at low, medium,
and high loads. Through the optimization of injection and ignition strategies, the researchers achieved a
reduction in NOx emissions of up to 57% compared to the original diesel engine. However, it was observed
that hydrocarbon (HC) emissions tended to increase. Moreover, at low loads, the lean BG—air mixture led to
flame quenching.

Molina et al. [58] expanded the application of Reactivity Controlled Compression Ignition (RCCI) to high loads
by reducing the compression ratio (CR). In addition, they introduced an early intake valve closing Miller cycle
through the utilization of a hydraulic Variable Valve Actuation (VVA) system. The authors also adjusted the
injection strategy based on the engine load. Their findings indicate that a dual diesel injection strategy is well-
suited for RCCl combustion in the low (BMEP=6 bar) to medium load (BMEP=12 bar) range, while a single-
shot injection strategy proves more effective for high loads (BMEP>17 bar).

Benajes et al. [59], beside reducing CR from 17.5:1 to 15.3:1, adopted a Dual-Mode Dual-Fuel (DMDF)
strategy. At low loads, a highly-premixed RCCl combustion was successfully applied for decreasing emissions
and improving fuel efficiency. At high loads, combustion switches to the diffusive dual-fuel mode, for
complying with the mechanical constraints (limit of PPRR).
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In this section, 3 different application of LTCs will be analysed. One solution is to adopt RCCI Diesel-Gasoline
combustion in a 2-Stroke solution operating at high load condition and compare to a similar 4-stroke engine.
For medium load on the one hand is evaluated a DF combustion with Diesel-biogas compared to an
experimental diesel-NG, on the other side is optimized the combustion chamber geometry and injection
strategy to increase the BTE reducing NOx emission in the diesel-biogas configuration. At very low load is
evaluated the effectiveness of hydrogen addition to the NG mixture in the same engine up to 30 vol%.
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4.1 RCCI Diesel-Gasoline engine: 2-Stroke VS 4-Stroke

In the current research project, the aim is to explore the application of RCCI combustion to a contemporary
2-stroke (2S) engine and make a comparative analysis with an equivalent 4-stroke (4S) RCCI engine. The
study involves a comprehensive investigation conducted through experiments and computational fluid
dynamics (CFD) combined with 1D simulation. The focus is on evaluating the potential of implementing the
RCCI combustion concept in an automotive Diesel engine with the following specifications: 2.0 litres
displacement, 4 cylinders, 4 valves per cylinder, 125 kW power output at 3500 rpm, and Euro VI compliance.

The experimental phase of the research is divided into two stages. First, a thorough characterization of the
base engine (referred to as the "donor" engine) is carried out. In the second stage, modifications are made
to the engine setup: three cylinders are configured to operate under standard Diesel conditions, while the

fourth cylinder is specially calibrated for RCCl operation. The data obtained from these experiments is then
utilized to create a GT-Power model for a complete RCCI version of the engine, where all cylinders operate

in RCCI mode.

Additionally, through a combination of CFD-1D simulations and empirical assumptions, an equivalent 2-
stroke RCCI engine is developed for comparison purposes. The final part of the research involves a
numerical comparison between the 4-stroke and 2-stroke RCCI engines, focusing on their performance and
emissions characteristics under full load conditions.

4.1.1 Experimental campaign

The experimental phase was conducted on a Euro VI 4-cylinder diesel engine, main characteristics reported
in Table 2, manufactured by FCA, utilizing a steady dynamometer bench. This engine is equipped with
several notable features, including a variable geometry turbine (VGT) and Charge Air Cooler (CAC) in the
supercharging system, situated after the turbocharger compressor. The after-treatment components consist
of a Diesel Oxidation Catalyst (DOC), a Diesel Particulate Filter (DPF), and a Selective Catalytic Reduction
device (SCR). To further control emissions, two exhaust gas recirculation systems are employed: high-
pressure (HP-EGR), connecting the exhaust manifold before the turbine to the intake manifold after the
CAC, and low-pressure (LP-EGR), connecting the exhaust pipe after the DPF to the turbocharger compressor
inlet. The intake ports incorporate a set of flaps, operated by an actuator known as the Variable Swirl
Actuator (VSA), to enhance turbulence within the cylinders.

Initially, the Bosch Engine Control Unit (ECU) was replaced with an open ECU, which enabled flexible control
of each cylinder, particularly important when dealing with unconventional combustion systems. This new
ECU was meticulously tuned to match the performance of the original engine when operating in the
conventional Diesel combustion mode, referred to as CDC.

Experimental data was gathered in CDC mode across various speeds and loads, facilitating the precise
calibration of a CFD-1D engine model (GT-Power).

For the implementation of the RCCl combustion system, only one of the four cylinders was modified
accordingly, while the remaining three cylinders continued to operate in CDC mode. Figure 12 (b) illustrates
the new engine configuration in a "3+1" arrangement, while Figure 13 provide visual representations of the
modified intake manifold and the RCCI exhaust piping.
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Engine type

Table 2:base engine specifications

Diesel, 4-cylinder in-line

Homologation

Euro 6

Maximum Power

125 kW @ 3500 rpm

Maximum Torque

385 Nm @ 2000 rpm

Combustion pressure 170 bar

Bore x Stroke 83x90,4 mm
Connecting rod length 145 mm
Squish Height 0.72 mm

Pin Offset 0.3 mm
Displacement 1956 cc
Compression ratio 16.5:1

N° of valve per cylinder 4

Injection system Common Rail

Inlet Valve Open

341 CA °ATDCF

Inlet Valve Close

-139 CA °ATDCF

Exhaust Valve Open

116 CA A°TDCF

Exhaust Valve Close

| Ta ilpipe

Throttle
body

EGRHP |
Valve

Turbine

y

; Compressor
Cylinder 1

. In-cylinder pressure
. Static pressure
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Alr Filter
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Figure 12: layout of the engine running in CDC mode (a) and when running in the “3+1” mode (b)

() | (b)
Figure 13: picture of the modified intake manifold (a) and the exhaust pipeline of the RCCI cylinder (b)

As evident from the figures, there is a clear separation between the three cylinders operating in CDC mode
and the RCCI cylinder. After passing through the Charge Air Cooler (CAC), the airflow is divided into two
distinct paths. The Variable Geometry Turbine (VGT) is exclusively powered by the three CDC cylinders,
while the fourth cylinder has its dedicated piping. In terms of exhaust gas recirculation (EGR), it is
exclusively applied to the RCCI cylinder, with the original Low-Pressure EGR (LP-EGR) system remaining
inactive. Figure 13 (b) illustrates the flow split downstream of the RCCI cylinder, where the front branch
comprises the EGR pipe, featuring a liquid cooler and an EGR valve, while the rear pipe routes the gas to the
ambient environment via a plenum and a back-pressure valve. The back-pressure valve is employed to
adjust the EGR rate, working in conjunction with the EGR valve.

Regarding the intake system, an Additive Manufacturing-produced pipe is connected to the original
manifold, as depicted in Figure 13 (a). At the end of this pipe, just upstream of the RCCI cylinder, a Pico
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Racing fuel injector of type IWPR1 by Magneti Marelli is installed. Its nominal flow rate at 10 bar is 690
cc/min. To enhance air mixing, the EGR port is strategically positioned as far away from the cylinder as
possible.

The composition of the charge within the RCCI cylinder is determined by measuring the mass flow rates of
gasoline and diesel, as well as monitoring the oxygen concentration in both the intake and exhaust
manifolds of the RCCI cylinders, achieved through the use of two Lambda sensors. Further insights are
gained from the analysis of the exhaust gas.

Compared to a single-cylinder prototype, the 3+1 engine configuration offers several advantages. First,
there's no need for a dedicated air feed system because the three CDC cylinders consistently meet the
boosting requirements of the RCCI cylinder. Second, the engine remains operational even in the event of a
misfire within the RCCI cylinder, which is common during the calibration phase. Lastly, and importantly, a 4-
cylinder configuration is less susceptible to mechanical issues arising from torsional vibrations, which are
typical concerns in single-cylinder setups.

The tests conducted on RCCI combustion cover a comprehensive range of critical operating conditions,
including low load (GIMEP, up to 6 bar), medium load (GIMEP up to 9 bar), and high load (GIMEP up to 15
bar). The control of combustion relies mainly on three key factors:

Lambda (Air-Fuel Ratio): Maintaining the right air-fuel ratio in the premixed charge is crucial;

EGR Rate: The amount of exhaust gas recirculation in the premixed charge affects combustion smoothness
and NOx emissions but slightly impacts PM, HC, and CO emissions.

Diesel Injection Strategy: Diesel injection, particularly Start of Injection (SOI), was studied along with
injection pressure, the number of shots, and dwell time. Optimal SOI falls within 40° to 80° CA before TDC.
High injection pressures are necessary to reduce ignition delay.

Overall, the incorporation of EGR in RCClI combustion helps improve combustion stability and reduce NOx
emissions. However, it's essential to balance these benefits against the slight adverse effects on PM, HC, and
CO emissions when considering RCCl as a combustion strategy.

Particular care was devoted to limit not only the peak cylinder pressure, Pmax, but also the peak pressure
rise rate, (dP/d®)max. In commercial engines a maximum value of 10 bar/° can be tolerated. Considering
racing applications, (dP/d0)max may reach 20 bar/°. In this work, a maximum value of 13 bar/° is considered
an acceptable limit.

The highest values of GIMEP were found with MFB50 close to TDC, rather than at 8-10° aTDC, as in
conventional combustion systems. This optimum condition corresponds also to the limit of peak pressure
rise rate. This outcome is explained by the very fast heat release rate, just after the onset of combustion

4.1.2 CFD-1D model of the RCCl 4-cylinder engine
The previously described experimental campaign is the base for the construction of a CFD-1D 4-stroke 4-
cylinder engine model by GT-Power, where all the cylinders run in RCCl mode
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Before the analysis of the complete engine, the numerical model of the single cylinder running in RCCI
mode was calibrated, considering the set of experimental data shown in Table 3. The selected points include
5 engine speeds (1500, 2000, 2500, 3000, 3500 rpm) and 3 loads (L=low, M=Medium, H=High). Each
operating point is numbered from 1 to 15, for the sake of brevity.

In the chosen operative point, EGR and Lambda settings are adjusted to reduce pollution and increase
thermal efficiency. Under maximum load (H), the highest portion of diesel fuel in relation to the total fuel is
18%. The most effective engine performance occurs at 3000 rpm with a GIMEP of 14.6 bar.

The calibration mainly involved fine-tuning certain factors that affect fluid flow and heat transfer. The input
data used were real measurements of injected fuel (both diesel and gasoline) and pressure traces inside the
cylinder. Figure 14 compare these real values to the corresponding numerical ones. Volumetric efficiency
and GIMEP match quite well, but there are some discrepancies in EGR rate (Figure 15), especially at point 7

The differences in EGR rate might partly stem from measurement uncertainties due to the complexity of the
system. However, since the simulations are only performed under full load conditions, the accuracy of the
computer model is considered quite good. The reliability of the CFD-1D model under high loads is also
supported by the pressure measurements inside the cylinder, as shown in Figure 16.

The calibrated CFD model of the Reactivity Controlled Compression Ignition (RCCI) cylinder was employed to
simulate a 4-cylinder engine. The overall layout of this engine matches that of the original diesel engine, but
it necessitates a few key modifications.

Firstly, the new model incorporates a set of gasoline injectors. Secondly, a mechanically-driven supercharger
is added, which is powered by the engine. This supercharger is introduced to provide support to the
turbocharger under specific critical operating conditions, such as low engine speed and high EGR rates.
When not required, the supercharger can be bypassed. Thirdly, the turbocharger is scaled to ensure a better
match with the new operating conditions

The full load points for the 4-cylinder, 4-stroke engine correspond to cases: 3,6,9, 12 and 15 (Table 3). The
recirculated gas is supplied by the standard LP-EGR system, while the Start of Combustion is slightly
adjusted to align with the constraints regarding peak pressure rate rise and peak cylinder pressure.
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Figure 14: Gross IMEP and Volumetric efficiency: comparison between the calibrated 1D model and the experimental data
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Table 3: Operating conditions of the cylinder running in RCCl mode, selected for the calibration of the Gt-Power engine model

Case # Load RPM EGR % Lambda Mdiesel GIMEP
Myye [bar]

1 L 1500 0 2.25 10.16 6.19
2 M 1500 42 1.09 12.19 9.87
3 H 1500 45 1.02 12.19 10.77
4 L 2000 22 1.74 18.26 6.2
5 M 2000 35 1.21 8.13 8.65
6 H 2000 45 1.07 10.16 12.21
7 L 2500 17 1.96 16.24 7.26
8 M 2500 42 1.26 10.16 10.06
9 H 2500 38 1.06 8.13 13.96
10 L 3000 39 1.12 20.29 10.87
11 M 3000 36 1.06 20.29 12.73
12 H 3000 35 1.03 18.26 14.57
13 L 3500 32 1.46 10.16 10.00
14 M 3500 46 1.09 14.22 12.61
15 H 3500 38 1.06 18.26 13.33
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Figure 15: EGR percentage comparison between calibrated 1D model and experimental data
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4.1.3 The 2-Stroke model engine

The primary objective of the virtual 2-stroke (2S) engine proposed in this study is to extend the benefits of
Reactivity Controlled Compression Ignition (RCCl) combustion to higher levels of brake torque. To ensure
consistent combustion characteristics when transitioning from a 4-stroke (4S) to a 2-stroke engine,
maintaining the same engine speed and fuel rate, the following hypotheses are put forth:

1. Both engines share common characteristics, including bore, stroke, the number of cylinders, and
the geometry of the combustion chamber (including the shape of the bowl and cylinder head,
squish clearance). The 2-stroke engine configuration follows a Uniflow design with exhaust valves
and piston-controlled intake ports.

2. The exhaust valve lift profile and timing of the 4-stroke engine are adjusted to operate according to
the 2-stroke cycle, which involves double the rotational speed, shorter opening duration, and
maximum lift around BDC.

3. The intake valves and ports of the 4S engine are converted into exhaust valves for the 2-stroke
engine.

4. The set of inlet ports for the 2-stroke engine is designed to create the same Swirl Ratio within the
cylinder as in the 4-stroke cycle, occurring at the point of Intake Valve Closing.
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In addition to maintaining consistent combustion patterns, it is essential to replicate the in-cylinder pressure
diagram observed in the RCCI single-cylinder demonstrator. This necessitates the design of a specific gas-
dynamic system for the 2S engine.

The key aspects considered in the project are outlined as follows:

e Inlet ports and manifold: Each cylinder is equipped with a set of 12 piston-controlled ports, which
are supplied by a compact manifold wrapped around the liner, as depicted in Figure 17

e Supercharging system: This system comprises a Variable Geometry Turbocharger, coupled with a
mechanical supercharger. The supercharger is installed after the dynamic compressor and the first
intercooler. A second intercooler is positioned between the supercharger and the intake plenum.
This combined system offers the ability to regulate the gas flow rate across the cylinders by
adjusting both the turbine rack and the area of the by-pass valve installed on the supercharger.

e Exhaust manifold, upstream of the turbine: To optimize engine performance and maintain efficient
gas flow, especially with an even firing interval of 90 degrees, the shape of the exhaust manifold is
meticulously designed. The goal is to prevent any negative effects of interference among cylinders
while avoiding unnecessary damping of the kinetic energy in the exhaust flow that feeds the
turbine.

e Exhaust gas recirculation: In addition to the conventional low-pressure EGR system, which links the
turbine outlet to the compressor inlet through a cooler, the quantity of burnt gas within the
cylinder is also influenced by the actuation law of the exhaust valves. This EGR system plays a
significant role in managing combustion characteristics and emissions control.

The calibration of the gas-dynamic system in the context of varying engine speed and mass flow rates of
gasoline and diesel fuel is a complex task. It involves numerous control parameters that need precise
adjustment, which include:

Turbine rack: The positioning of the turbine rack.

Opening of the by-pass valve on the supercharger: Managing the by-pass valve to control airflow.
EGR valve opening area: Regulating the area of the EGR valve for effective exhaust gas recirculation.
Opening of the exhaust flap: Adjusting the exhaust flap, a valve installed after the turbine, to
control low-pressure EGR.

5. Timing of the exhaust valves: Determining the timing of exhaust valve operation.

PwnNPR

The calibration process is intricate due to the high number of these control parameters, and the use of CFD-
1D simulation proves to be the most suitable tool to address their configuration and assist in designing the
engine components.

The modelling of the scavenging process is based on CFD-3D simulations conducted on a two-stroke engine
with a similar cylinder design. When transitioning from a 4-stroke to a 2-stroke cycle, it is assumed that the
Friction Mean Effective Pressure is halved. Additionally, the burn rate at each operating condition aligns
with the experimental curve measured on the RCCI prototype.

Once the numerical model is constructed at full load (defined by the maximum fuel amount in RCCI mode),
several parameters are optimized to maximize brake thermal efficiency. These parameters include the
height of the inlet ports (timing), opening duration, and maximum lift of the exhaust valves, as well as the
size of the turbocharger and the size and transmission ratio of the supercharger. Furthermore, the layout
and characteristic dimensions of intake and exhaust manifolds before the turbine are evaluated, and a
comprehensive summary of these characteristics is provided in Table 4.
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Even maintaining the Uniflow design, the combustion chamber could be redesigned for the new
combustion patterns, some other improvement and optimization can be made. However, the purpose of
the study is not to develop the best possible 2-stroke RCCI design, but to evaluate the advantages for an

RCCI engine, when switching from four to two stroke cycle, maintaining all the other conditions as close as

possible.

Table 4: Main characteristics of the optimized 25 engine

Parameter Unit
Bore x stroke mm 83x90.4
Compression ratio # 16.5
N° of cylinders # 4
Total displacement L 1.96
N°of exhaust valves # 4
Exhaust valve diameter (inner seat) mm 20
Exhaust valve opening duration °CA 156
Exhaust valve max. lift mm 7.6
Exhaust Valve Opening °ATDC 96
Exhaust Valve Closing °ATDC 252
N° of inlet ports # 12
Width of each inlet port mm 14
height of each inlet port mm 9.7
Inlet Port Opening °ATDC 135
Inlet Port Closing °ATDC 225
Max. Reduced mass flow rate
of the Supercharger kg/s*K"0.5/bar 3.36
Max. Reduced mass flow rate
of the Compressor kg/s*K"0.5/bar 4.04
Max. Reduced mass flow rate
of the Turbine kg/s*K"0.5/bar 1.95
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Figure 17: Inlet manifold and ports

4.1.4 2Svs 4S RCCl engine at full load

In this section, a comparison at full load among the standard 4-stroke diesel engine (referred to as 4S_STD,
blue), the modified 4-stroke RCCI unit (4S_RCCI, red) and the new 2-stroke RCCI solution (25_RCClI, green) is
presented.

The operating conditions applied to all the simulations are:

e Engine speed from 1500 rpm to 3500 rpm, by steps of 500 rpm
e EGR% and Lambda from Table 3
e Experimental burn rates

The engines also share the following constraints:

e incylinder peak pressure: 190 bar
e peak of pressure rate rise: 13 bar/deg

Figure 18 shows the brake performance (torque and power) of the engines. As expected, at low speed the
brake output of 4S_RCCl is about halved, in comparison to 45_STD; the 2-stroke cycle helps to recover a part
of the gap, but not all of it. At high speed, 2S_RCCl yields the best performance, also in comparison to
4S_STD
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Figure 18: brake torque and brake power comparison, base diesel engine, 4-stroke RCCI engine and 2-stroke RCCI engine. Operating

point 1500-3500 RPM full load
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In Figure 19 the advantages of the 2-stroke configuration at high speed become evident when examining the
Brake Mean Effective Pressure (BMEP) and Gross Indicated Mean Effective Pressure (GIMEP) curves. Despite
the higher brake torque and power, the cylinder mechanical load, as expressed by GIMEP, is significantly
lower in the 2-stroke engine compared to the 4-stroke standard (16-17 bar vs. 26 bar) and slightly lower than
in the 4S_RCCI.

In terms of thermal efficiency, Figure 20, the highest values of the gross indicated parameter belong to
4S_RCCI. The curve corresponding to 2S5_RCCl is slightly lower but consistently above 4S_STD, except at 1500
rom. This outcome can be explained by the fact that RCCI combustion enhances the efficiency of the
thermodynamic cycle, with heat release closer to the isochoric process. However, in the 2-stroke cycle, the
expansion stroke is truncated earlier by the opening of the exhaust valves.

When considering friction and pumping losses, which affect the transition from gross indicated thermal
efficiency to brake thermal efficiency, the situation varies somewhat. At high speeds, the 2-stroke cycle yields
the highest brake efficiency due to its lower friction and pumping losses (see also Figure 21 However, at
medium and low speeds, 2S_RCCl is penalized by the fresh charge slipping through the exhaust during the
scavenging process. Although the amount of lost gasoline is negligible, the work done by the mechanical
supercharger to push the excess air and recirculated exhaust gas into the cylinder burdens the pumping
efficiency of the engine.

Regarding mechanical efficiency, Figure 21, shows relatively low values for 4S_RCCI due to a higher ratio of
friction work to indicated work. While the former is nearly independent of brake output, the latter is low
when the brake torque is low.

Finally, Figure 22 presents a comparison of the three engines in terms of brake-specific emissions. For the
diesel engine, these parameters are directly measured on the dynamometer bench, while for the RCCI
versions, they are calculated. The calculations are based on experimental measurements on the RCCI
prototype of the gross indicated specific quantity (i.e., the mass flow rate of pollutants divided by the gross
indicated power) and GT-Power's calculations of pumping and mechanical efficiencies. It is assumed that the
gross indicated specific emissions remain unchanged when transitioning from the 4-stroke to the 2-stroke
cycle. This assumption is supported by the fact that both engines share the same combustion chamber,
trapped charge composition, flow field within the cylinder, diesel injection strategy, and thermodynamic
conditions at the combustion onset. Therefore, combustion patterns should be nearly identical. Brake-
specific emissions are calculated by dividing gross indicated specific emissions by the product of pumping
and mechanical efficiency.

The key results of this comparison include:

e The 2-stroke engine maintains a significant advantage in terms of NOx and soot emissions,
confirming that RCCl combustion is nearly free of these pollutants.

e The drawback of both RCCI engines lies in the substantial increase of hydrocarbons (HC) and
carbon monoxide (CO), a common outcome reported in the literature. However, in absolute
terms, the concentration of these pollutants is lower or comparable to a conventional spark-
ignition (SI) engine at full load, and they can be effectively managed by using a specific oxidation
catalyst.

e (CO2 emissions are almost directly proportional to brake thermal efficiency, owing to the similar
chemical composition of gasoline and diesel fuel. Therefore, at low and medium speeds,
4S_RCCI has the lowest carbon footprint, while at high speed, 2S_RCCI takes the lead.
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4.2 Combustion chamber optimization for a Dual Fuel gen set application

The focus of this section is on studying the combustion process of a dual-fuel engine that uses both diesel
and biogas, operating at two different loads. The main goal was to analyze the impact of key factors related
to the design of the combustion chamber. Specifically, the shape of the piston bowl, the position of the
injector tip, and the angle at which the diesel spray is directed.

Radius of the piston bowl: 23 mm, 28 mm, 33 mm, and 38 mm are tested.

Axial position of the injector tip: moving the tip ranging its depth from 2 mm to 10 mm, with increments of
1 mm.

Tilt angle of the spray: angles between 30° and 120°, in steps of 15°.

The study was conducted on a four-cylinder, 2.8-liter turbocharged common rail engine that had been
modified and experimentally tested to run on a dual-fuel mode with NG. Unlike most dual-fuel engines, this
one started as a commercial light-duty engine with relatively high power output.

The engine is capable to deliver a brake power output of 55.6kW @3000RPM BMEP=8bar, that is the
maximum limit for micro-cogeneration plant. The numerical simulations here presented consider the engine
running on biogas with 65% of methane instead of methane. The considered operative conditions are
BMEP=8bar, called Full Load (FL) despite is not the full load condition for the engine is the maximum
allowed for micro-cogeneration, and BMEP= 4bar, called Partial Load (PL).

For PL configurations, also diesel injection strategy is evaluated.

4.2.1 Turbulence assessment

The combustion chamber geometry of a typical diesel engine is meticulously crafted to enhance air-fuel
mixing during the latter stage of the injection process. This design employs an axially symmetric piston bowl
with a distinctive "omega" shape, which serves to bolster swirl motion during the final part of the
compression stroke. Additionally, the flat cylinder head is intended to generate a radial flow, often referred
to as "squish," around the top dead center (TDC).

However, this design, optimized for conventional diesel combustion, is not ideal for Dual Fuel (DF)
combustion. In DF combustion, the diffusive phase is significantly less pronounced in comparison to the
premixed phase, especially when a substantial portion of diesel is replaced with natural gas (NG). In this
scenario, numerous flame fronts result from the ignition of a small quantity of high-reactivity fuel within a
homogeneous, lean mixture of low-reactivity fuel and air. For efficient premixed combustion, a high level of
turbulence intensity (beyond just high swirl) is required to increase the surface area of the flame front,
consequently enhancing the burn rate.

Compactness is another crucial aspect of an optimal DF combustion chamber design. A more compact
chamber leads to a shorter average flame path, which is advantageous for ensuring the completeness of the
combustion process. Furthermore, a compact chamber typically boasts a high volume-to-surface-area ratio,
which aids in reducing hydrocarbon (HC) emissions, minimizing heat losses through the chamber walls, and
consequently enhancing the engine's overall efficiency.

Creating an ideal DF combustion chamber design involves considering both the cylinder head and the piston
bowl. However, modifying the cylinder head may not be practical, as it would necessitate a comprehensive
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overhaul of the engine's layout. In contrast, a redesign of the piston bowl appears to be a more viable
approach.

To establish theoretical guidelines for designing a Dual Fuel combustion chamber, a simplified approach was
adopted. The design considered a basic cylindrical bowl with a flat cylinder head. The axis of the bowl aligned with
the cylinder axis. Furthermore, the injection process was assumed to be axially symmetric. It was also taken into
account that both the compression ratio and the squish clearance (the minimum distance between the piston and
the cylinder head) were maintained at constant values. Consequently, as the depth of the cylindrical bowl
increased, the following trends could be observed:

The squish velocity increased [60];
The heat transfer area of the chamber increased.

These two trends had opposite effects. The higher the squish intensity, the higher the turbulence
intensity, thanks to the interaction between the radial flow and the swirl motion within the bowl, which
generates a dissipation of kinetic energy [61]. Moreover, the centrifugal radial motion after TDC speeds up
the propagation of the flame fronts. On the other hand, the larger the surface area associated with the strong
turbulence, the larger the heat losses.

Assuming that ignition takes place near the injector nozzle, the compactness of the combustion chamber
can be evaluated by determining the maximum distance between the injector and the wall of the piston bow!
at Top Dead Center (TDC). This parameter reflects the maximum distance that the flame front must travel to
fully traverse the entire chamber. This distance, denoted as "I," can be expressed as follows:

2

l= [n2+—
T3

(1. 21)

where h is the depth of the bowl and d is its diameter.
The hypothesis of the constant volume of the bowl! (to maintain the same compression ratio) yields

d_z — Vbowl
4 Th
(1.22)
where Vy 1 is the volume of the bowl.
Therefore, combining Equations (1. 21) and (1. 22):
Vbowl
l= [h2+——
Th
(1.23)
The depth of the bowl that minimizes the parameter | is
3 Vbowl
h =
21
(1. 24)
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In conclusion, the discussion above demonstrates that the design of a piston bowl for a DF combustion
presents conflicting issues; therefore, it must be supported by accurate numerical analyses and/or
experiments. Moreover, the outcome strongly depends on the goals of the optimization, as well as on the
constraints of the problem, in particular, the compression ratio, squish clearance, bore, et cetera.

4.2.2 3D-CFD Code

For the numerical analysis of the DF combustion process on alternative combustion systems, the
previously presented version of the 3D-CFD KIVA-3V code was used. To characterize the mesh size a previous
paper based on the same engine is used [62]. In this paper the characteristic cell size was varied between 0.5
and 1.7 mm. Based on the most important outputs of the simulations (total heat released) and the
computational cost, the best global cell size was determined. The computational grid built for the study is
shown in Figure 23.

This grid consisted of approximately 80,000 cells at the Bottom Dead Center (BDC) and around 24,000
cells at the Top Dead Center (TDC). This variation in cell count was a result of the piston's motion from BDC
to TDC (and vice versa), where cells were either compressed or stretched to the point where a cell layer was
either removed or added to the grid.

The combustion simulations were conducted within the time frame between the intake valve closing
(IVC) at -130 degrees Crank Angle (CA) after Top Dead Center (aTDC) and exhaust valve opening (EVO) at 112
degrees CA aTDC. Initial conditions for these simulations, including pressure, temperature, trapped mass, and
charge composition, were directly acquired from experimental data.

Additionally, an initial flow field was imposed as a rigid vortex around the cylinder axis. The intensity of
this vortex, characterized by a swirl ratio of 1.8, was determined through a previous 3D Computational Fluid
Dynamics (CFD) simulation of the intake stroke. This flow field information was essential for capturing the
initial conditions and dynamics within the combustion chamber.

Figure 23: Computational grid at the TDC.

4.2.3 Numerical Model and Validation

The reference engine used for the analysis was an automotive high-speed direct-injection (HSDI) diesel
engine manufactured by FCA—VM Motori, whose main characteristics are listed in Table 5.
The authors made modifications to the engine to enable it to operate in Dual Fuel NG—diesel fuel mode, and
they conducted an extensive experimental campaign to optimize DF combustion across a wide range of
operating points. Subsequently, they developed and validated a 3D CFD model of the combustion system.
For the sake of brevity and focused presentation, the paper reported model validation for a specific
operating point. This operating point corresponded to the micro-cogeneration peak power condition, which
was characterized by the following parameters:

e  Power Output: 55.6 kW

e Engine Speed: 3000 rpm

e BMEP: 8 bar

It's important to note that at this micro-cogeneration peak power operating point, the authors achieved
a substantial 80% reduction in diesel fuel mass compared to the corresponding diesel-only case. This specific
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condition was chosen for model validation to provide a detailed insight into the behavior and accuracy of the
3D-CFD model in a critical operating scenario.

The main engine parameters used for the validation of the numerical model are listed in Table 6. Figure
24(a) reports the comparison between the simulation and experimental results in terms of the in-cylinder
pressure and rate of heat release (RoHR). As can be noticed, the numerical results were in reasonable
agreement with the experiments. For a full description of the results of the experimental campaign and the
whole validation of the numerical model, the reader is referred to [62—64].

Following the successful validation process, the model was then utilized for simulating the co-combustion of
diesel fuel and biogas. To account for the composition of BG, adjustments were made to the initial
composition of the premixed charge. Specifically, the composition of the premixed charge was recalculated
to accommodate the characteristics of BG. This typically involves determining the ratios and quantities of
individual components within the premixed charge, including methane, which is a primary component of
both natural gas and biogas. Table 7 shows the main operating point features, while Figure 24(b) shows the
comparison between the combustion of NG and BG. Despite having the same energy content, BG resulted

in slightly lower pressure due to a slower combustion process caused by a lower air quantity in the mixture.

Table 5: Main technical data of the VM diesel engine

Engine type HSDI 4-S diesel, EURO IV

Cylinders 4 in-line

Total displacement [L] 2.78

Bore x stroke [mm] 94 x 100

Compression ratio 17.5:1

No. of valves per cylinder 4

Air metering Turbocharger with VGT + intercooler
Injection system Common rail

Number of injector holes 6

Injector hole diameter [mm)] 0.153

Table 6: Main engine parameters of the experimental validation case

Trapped mass [mg/cycle/cyl] 918.63
Air mass [mg/cycle/cyl] 801.90
NG mass [mg/cycle/cyl] 24.86
Diesel fuel mass [mg/cycle/cyl] 6.62
Diesel fuel injection pressure [bar] 1050
Diesel fuel pilot SOI [°CA AFTDC] -21.66
Diesel fuel pilot duration [°CA] 3.25
Diesel fuel pre SOI [°CA AFTDC] -13.92
Diesel fuel pre-duration [°CA] 3.60
Diesel fuel main SOI [°CA AFTDC] -6.00
Diesel fuel main duration [°CA] 6.85
Diesel fuel in pilot injection [mass%] 14.90
Diesel fuel in pre-injection [mass%] 18.40
Diesel fuel in main injection [mass%] 66.70
Residuals [mass%] 10
EGR [mass%] 0

Swirl ratio [-] 1.8
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Figure 24: Comparison between the experimental and numerical results (a). Comparison between the Natural gas-Diesel and Biogas-

diesel numerical results (b)

Table 7: Base operating points

NG BG
Engine speed [rpm] 3000 3000
BMEP (brake torque) [bar (Nm)] 8(177) 8(177)
Power [kW] 55.6 55.6
Diesel fuel mass [mg/cycle/cyl] 7.60 7.60
CH4 mass [mg/cycle/cyl] 24.25 25.26
Air mass [mg/cycle/cyl] 765.22 739.13

4.2.4 Combustion System Design Criteria

In the pursuit of developing a new combustion system for Dual Fuel (DF) combustion, the primary focus
was on optimizing the design of both the piston bowl geometry and the injector tip, while the cylinder head
retained its flat configuration, consistent with the original engine design.

The piston bowl| was designed with a cylindrical shape and a rounded bottom. The entire combustion
chamber, including the six-hole injector nozzle, was characterized by perfect axial symmetry. This symmetry
allowed for the use of a 60° sector mesh, which was consistent with the mesh employed in the simulations
for the diesel engine.

The most critical geometric parameter examined in the study was the radius of the piston bowl, which
ranged from 23 to 38 mm in increments of 5 mm (four cases). It's important to note that the bowl's depth
was adjusted to maintain a consistent compression ratio with that of the reference engine.

Additionally, a secondary geometric parameter considered in the study was the radius of the bottom edge
of the bowl, with values analyzed at 3, 5, and 8 mm. These geometric variations were integral to the study's
investigation of the combustion system's performance and behavior in DF combustion.

Figure 25 shows the new combustion chambers in comparison to the original one, while Table 8 reviews
their main features. Each geometry was identified by 2 numbers: the first was the bowl radius (in
millimeters), while the second, preceded by “R”, was the bottom edge radius (in millimeters). As an
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example, “23R3” means that the radius of the cylindrical bowl was 23 mm, while the radius of the bottom
edge was 3 mm.
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Figure 25: Bowl geometries

As far as the injector nozzle is concerned, for each design of the bowl, two parameters were considered:
the distance along the cylinder axis from the injector hole to the cylinder head (nozzle offset) and the tilt
angle, i.e., the angle formed by the spray axis with the cylinder axis Figure 26. The first parameter was
varied from 2 to 10 mm (in steps of 1 mm) and the second from 30° to 120° (in steps of 15°). A minimum
clearance of 3 mm between the piston and the injector tip was imposed; obviously, the configurations that
could not comply with this constraint were discarded.
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Figure 26: Injector depth and tilt
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Table 8: Details of the analysed combustion systems

Name Bowl Radius pgottom Edge Bowl Depth Nozzle Offset  Tilt Angle
[mm] Radius [mm] [mm] [mm] [°]
Ref. engine 28.00 - 6.04-16.86 3 75
23R3 23.00 3.00 20.05 2-10 30-120
23R5 23.00 5.00 20.35 2-10 30-120
23R8 23.00 8.00 21.00 2-10 30-120
28R5 28.00 5.00 13.80 2-10 30-120
33R5 33.00 5.00 9.97 2-7 30-120
38R5 38.00 5.00 7.55 2-4 30-120

For each geometry under investigation, the computational grid was generated using the K3PREP pre-
processor. The criteria employed for constructing the grid were consistent with those used for the base
engine mesh. A 60° sector grid was utilized, and a typical cell size of 0.8 mm, the same as the original mesh,
was adopted. The computational grids of the new combustion chambers are shown Figure 27.

28R5

N

PR

T

23R8

33R5

Figure 27: Computational grids of the tested bowls

38R5

As previously mentioned, the composition of BG can vary significantly. However, for the purposes of this
study, the fraction of CH4 in BG was assumed to be 0.65. This assumed composition is an average value and
can be obtained without the need for extensive refinement while still maintaining a favorable lower
heating value. The simulations were carried out at two different operating points as reported in Table 9:
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FL: “Full load”—BMEP = 8 bar, brake torque = 177 Nm and engine speed = 3000 rpm. At this operating
point, the engine delivered a brake power output of 55.6 kW, corresponding to an electrical power of about
50 kW, which is the limit for micro-cogeneration.

PL: “Partial Load” —BMEP = 4 bar and engine speed = 3000 rpm (50% of maximum load). To achieve this
target, the fuel rate needed to be reduced by 40%. The air/fuel ratio increased from 22 to approximately
31.

Table 9: Full load and partial load initial conditions

Total Mass 0; Diesel Fuel CH,4 (A/F) Premix  (A/F) Tot

[mg] [me] [mg] [mg] [-] [-]
FL 830.567  170.0 7.60 25.66 28.81 22.23
PL 663.54  139.1 4.50 14.71 41.10 31.47

4.2.5 Results and Discussion — Full load

In this section, the results of combustion simulations conducted to optimize the piston bowl geometry and
injector tip are presented and discussed. The primary objective of this optimization was to identify a
configuration that achieved a favorable balance between thermal efficiency and NOx emissions at both full
and partial loads. Other pollutant emissions such as soot, hydrocarbons (HC), and carbon monoxide (CO)
were not a focus of the design process because they were either very low (soot) or could be effectively
managed with a standard oxidation catalyst (HC and CO).

The initial phase of the simulations was carried out at peak power, characterized by a BMEP of 8 bar, an
engine speed of 3000 rpm, and a brake power output of 55.6 kW. For this phase, the same injection
strategy was applied across all cases. This strategy was determined based on experimental data obtained
from a very similar version of the Dual Fuel engine running on natural gas and diesel fuel with the standard
diesel bowl [65].

The initial set of simulations did not yield a single configuration that outperformed the original design for
several reasons. First, the existing diesel bowl| design was effective at full load due to experimental
calibration. Second, the diesel fuel injection strategy was not optimized for all the alternative bow! designs.
However, from these simulations, the most promising configurations for both the bowl and injector tip were
identified for further investigation.

The second round of simulations focused on partial load conditions. In this phase, the diesel injection
strategy was optimized for each specific configuration. The optimization of the injection pattern was carried
out using a Design of Experiment (DOE) approach, involving the adjustment of the Start of Injection (SOI)
within a range of -7 °CA to +5 °CA, in 2 °CA steps.

Furthermore, the best combustion chamber design for partial load conditions was then subjected to
simulations at full load, with further refinement of the injection strategy. To provide an overview of the key
results from this first round of simulations, a NOx-IMEP diagram was considered. Given that the amount of
injected fuel remained constant, IMEP was directly proportional to the indicated thermal efficiency (ITE),
providing a clear indicator of Brake Thermal Efficiency (BTE). Additionally, the quantity of NOx emissions was
expressed as a specific quantity, denoting the mass flow rate of incomplete NOx combustion. This approach
facilitated a concise assessment of the combustion performance.
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Figure 28(a) focuses on the impact of the piston bowl radius, with values of 23, 28, 33, and 38 mm, while
keeping the radius of the bowl bottom edge constant at 5 mm. Each set of data points with the same color
corresponds to a specific bowl geometry, and the differences between these points are solely due to
variations in the injector nozzle. The purple star symbol indicates the reference bowl of the diesel engine. As
expected, most points tended to fall close to the Pareto front since rapid and complete combustion is
generally associated with high values of the IMEP and NOy and vice versa.

To enhance the clarity of the results, the Y-axis was reversed. In fact, as can be noticed from Figure 28(a),
the dashed green lines divide the graph into four regions: The optimal region is located near the origin of
the axis, where IMEP increased, and NOx emissions decreased compared to the reference case. Conversely,
the worst region is situated in the top-right quadrant, where IMEP decreased, and NOx emissions increased.
This representation aids in interpreting the trade-off between thermal efficiency and NOx emissions for
different bowl geometries and injector tips. From Figure 28 (a) it becomes evident that only the 23R5 bowl|
configuration resulted in an improvement in thermal efficiency, with indicated mean effective pressure
(IMEP) values surpassing those of the base case for a significant portion of the injector setups. However, this
gain in IMEP was counterbalanced by a notable increase in NOx emissions.

The best compromise across all configurations was found with a specific setup of the 28R5 bowl, which was
characterized by a nozzle offset of 8 mm and a spray tilt angle of 90° (referred to as 28R5_90_8). This
particular configuration delivered performance that was approximately on par with the original diesel bowl.
This outcome was somewhat expected, as the new bowl shared the same radius as the baseline.

When considering the bottom edge radius (Figure 28(b)), which varied from 3 to 8 mm on the bowl
having a radius of 23 mm, it is quite evident that the influence of this parameter was very weak: in fact, the
series tended to superpose, at least for high values of the IMEP. Therefore, the parameter seemed not worthy
of further investigations, and it was set at 5 mm for the next simulations.

Figure 28 provides information on the influence of the injector, which was characterized by the distance
of its tip from the cylinder head and by the tilt angle. For the sake of brevity, only the 23R5 bow! was
considered. Figure 29 (a) maps the IMEP as a function of the two injector parameters, while Figure 29(b)
displays NOx with the same graphical format. In both figures, the red-dotted lines correspond to the values
obtained with the original bowl. Figure 29 clearly demonstrates that the tilt angle had a stronger influence
than the position of the injector tip. However, between 60 and 105 degrees, the values of the IMEP and NOy
did not change very much.
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Figure 29: Bowl 23R5 IMEP and a specific NOx plot with standard bowl isolines

In summary, the results from the first round of simulations revealed the following key findings:

e At peak power, achieving a better trade-off between NOx emissions and thermal efficiency than
what the original diesel bow! provided proved to be a challenging task.

e The bowl's diameter emerged as the most sensitive parameter. Deeper bowls characterized by a
short radius appeared to be more efficient. This advantage became particularly relevant at partial
load conditions, where combustion in the original bow! tended to be incomplete.

e The position of the injector tip along the cylinder axis seemed to have less significance compared to
the tilt angle. Nevertheless, there was a wide range of possibilities for adjusting the tilt angle, and it
had a relatively minor impact on both NOx emissions and IMEP.

e Two promising directions for the development of the combustion system emerged from the
simulations. The first was the 28R5_90_8 bowl configuration, which offered the best trade-off
between NOx emissions and IMEP. The second was the 23R5 bowl, which showed promise for
various injector setups.

4.2.6 Results and Discussion — Partial load

At partial load conditions, the injection strategy played a significant role, and it required individual
optimization for each analysed configuration. To maintain simplicity, the shape of the diesel fuel injection
rate and the dwell angle between injection shots remained constant, with the primary focus on adjusting
the start of injection (SOI) angle.
The following parameter ranges were examined:

e The SOI of the main injection pulse was varied from -7 to +5 °CA aTDC (in 2 °CA steps).

e The injector offset was adjusted within the range of 4 to 10 mm (in 1 mm increments).

e Four different injection tilt angles were considered: 60°, 75°, 90°, and 105°.
The two bowl geometries subjected to investigation were the 28R5 and 23R5 bowls. However, for the 28R5
bowl, only one injector setup was explored, with a tilt angle of 90° and an injector offset of 8 mm.
The first round of simulations at partial load aimed to compare the behavior of the reference bowl to that of
bowl 28R5 while sweeping the SOI angle. Figure 30 shows this comparison in terms of the IMEP and specific
NOx. It is quite evident that the new bowl did not provide any real advantage in comparison to the original
one. Therefore, the attention was focused on the deeper bowl (23R5).
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For the

sake of clarity, the PL simulation results for the 23R5 bowl, shown in Figure 31, were divided into

four plots, with each one corresponding to a single tilt angle (a = 60°, b = 75°, ¢ =90°, d = 105°). The

baseline is represented by purple stars.
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Figure 31: Comparison at PL between the standard bowl! (purple stars) and the 23R5 bowl (cyan circles) in terms of varying the tilt
angle, depth and SOI. Tilt: 60 deg (a); 75 deg (b); 90 deg (c); 105 deg (d)
The results of the analyses can be summarized as follows:

The best trade-off achieved with the standard bow! design was specific NOx emissions of 0.5 g/kWh
and an indicated mean effective pressure (IMEP) of 4.9 bar.

Several new configurations were identified that maintained the same IMEP but achieved lower NOx
emissions. Notably, the configuration with a tilt angle of 90° and an offset of 4 mm reduced specific
NOx by 38% (from 0.54 to 0.33 g/kWh) compared to the baseline while maintaining the same IMEP
of 4.9 bar.

If a lower IMEP value than 4.9 bar was acceptable, the advantage in terms of NOx reduction with
the new bowl design at partial load became even more significant, although some penalties at full
load were expected.

For configurations accepting NOx values higher than 0.5 g/kWh, the new bowl design demonstrated
greater efficiency, achieving IMEP values of up to 6 bar, which was 20% higher than the baseline.
The optimization of start of injection (SOI) led to the following final configurations: STD bowl (SOl at
-7 °CA aTDC), 23R5_90_4 (SOl at -1 °CA aTDC), and 28R5_90_8 (SOl at -5 °CA aTDC). These
configurations represented the most promising solutions for achieving the desired trade-off
between NOx emissions and IMEP at partial load.
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4.2.7 Final Optimization

In this section, two more promising configurations at PL (23R5_90_4 and 28R5_90_8) were further
investigated and compared with the original geometry (STD bowl).

First, it was observed that the original injection strategy at FL of 23R5_90_4 led to higher values of both the
IMEP and NOy than the STD bowl (see Figure 32 (a)) with the specific tuning of the injection parameters, it
was possible to reduce both the IMEP and NOy emissions to find a new trade-off that was almost perfectly
equivalent to the base engine.

Figure 32 shows a comparison between the 23R5_90_4 (with optimized injection strategy), 28R5_90 8 and
STD bowls. At FL, the IMEP and NO4 were almost the same; however, at PL, the NO, emissions were reduced
by 14.5% (28R5) and 38% (23R5) with equivalent IMEPs.
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Figure 32: Comparison between the bowls at full load (a) and partial load (b): IMEP and NOx emissions.

For a more detailed insight into the combustion process, Figure 33 and Figure 34 present the traces of the
in-cylinder pressure, temperature and rate of heat release (RoHR) at both full and partial loads. At FL, the
behavior of the 28R5 bowl design closely resembled that of the diesel geometry, while the 23R5 design
generated a higher pressure peak. This difference was primarily attributed to the more pronounced
contribution of the pilot injections, which combusted before reaching TDC, leading to an increase in the
Rate of Heat Release. It is likely that the 23R5 design promoted a reduction in the diffusion of the diesel fuel
jets, enhancing the localized formation of the ignitable mixture prior to TDC.

However, it's noteworthy that the higher peak pressure did not correspond to a higher peak temperature.
As a result, the final NOx emissions for both configurations were comparable, indicating that the differences
in peak pressure did not significantly affect NOx formation.
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Figure 33: In-cylinder pressure and rate of heat release (a) and temperature (b) at FL (BMEP = 8 bar, 3000 rpm).
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Figure 34: In-cylinder pressure and rate of heat release (a) and temperature (b) at PL (BMEP = 4 bar, 3000 rpm).

At partial load (PL), the advantage in terms of NOx reduction offered by the new bowl design could not be
solely explained by the peak cylinder temperature, as it was nearly equivalent for both configurations, as
depicted in Figure 34. It's important to note that the cylinder temperature represents an average parameter,
while the formation of NOx is predominantly influenced by local temperature variations. Therefore, Figure
35 illustrates a temperature map on a radial cross-section at the crank angle corresponding to the peak of
average temperature (18° aTDC).

In this temperature map, it becomes evident that the region with high local temperatures, indicated by
yellow and red colours, was significantly smaller for the 23R5 configuration. Consequently, it can be
concluded that the reduction in NOx emissions at PL achieved by the 23R5 bowl| design was associated with
a more uniform distribution of local temperatures, which effectively limited the formation rate of the
pollutant. This demonstrates the significance of local temperature distribution in influencing NOx emissions.
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Figure 35: Temperature distribution at PL in the following configurations: STD (a), 23R5 (b) and 28R5 (c).

In conclusion, the best configuration found with respect to the standard diesel bowl geometry at partial
load was the 23R5_90_4, which was a cylindrical-shaped bowl characterized by a 23 mm radius, 5 mm
bottom edge radius, 90° injection tilt angle, 4 mm injector tip depth and -1 °CA SOI.
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4.3 CH4+hydrogen blends for a Dual Fuel low load condition

This section is dedicated to the same DF engine, but it delves into a scenario of very low load conditions:
specifically, 3000 rpm with a BMEP of 44 Nm, resulting in 2 bars. The research revolves around a light-duty
turbocharged Diesel engine, which the authors modified to operate in DF NG-diesel mode, as previously
described. In this project, the validation of the numerical model is accomplished using a commercial CFD-3D
tool (Ansys Forte). At this operational state, the DF NG-diesel combustion becomes notably critical, resulting
in elevated levels of CO and UHC due to an incomplete process. Consequently, Brake Thermal Efficiency
(BTE) is adversely affected.

Using the calibrated model, a series of simulations were conducted to explore the impact of varying H2-CNG
blends within a range from 0% to 30% of hydrogen volumetric concentration. The findings, covering aspects
such as combustion stability, thermal cycle efficiency, and emissions, are presented and discussed.

4.3.1 Experimental setup

As in the previous section, the so-called donor engine has already been described in the context of the
experimental campaign for the modified diesel-NG engine. Specifically, four NG injectors, each with a
nominal flow rate of 1.5 g/s at 3 bar, were installed on the engine's inlet pipe, positioned just downstream
of the intercooler and approximately 500 mm ahead of the intake manifold. This extended routing fosters
the creation of a homogeneous NG-air mixture and its even distribution among the four cylinders.
Furthermore, the EGR valve remained consistently closed, so the impact of charge dilution with exhaust is
not considered in this study.

The entire experimental campaign was conducted at four different operating points, all characterized by an
engine speed of 3000 rpm but varying medium-low loads (BMEP =2, 4, 8, and 12 bar, corresponding to
brake torques of 44, 88, 177, and 265 Nm, respectively). For each operating point, the full diesel mode is
referred to as Conventional Diesel Combustion (CDC). Starting from CDC, the amount of diesel fuel injected
per cycle was gradually reduced and replaced by NG, all while maintaining constant brake torque through
the application of closed-loop control to the engine pedal.

The parameter X_NG is employed to quantify the fraction of energy provided by NG in DF mode, as
compared to the energy supplied by diesel fuel in the corresponding CDC operation:

(1. 25)

where my is the mass per cycle of NG in DF mode, mp, is the mass per cycle of Diesel fuel in CDC mode,
LHVy is the Lower Heating Value of NG and LHV}, is the Lower Heating Value of Diesel fuel. The fraction of
energy provided by diesel in DF mode is evaluated by means of the following formula:

!

m
Xp[%] =m—D*100
D

58



(1. 26)

Where my, is the mass per cycle of Diesel fuel in DF operation.

Comparing Xy to the reduced diesel energy (100-X) in DF mode, the variation of engine efficiency can be
evaluated: if Xy is greater than (100-X},), then BTE is lower, and vice versa.

Figure 36 depicts the effect pf the dual fuel combustion on BTE, if no specific optimization is applied. Except
for the case corresponding to the higher load (265 Nm) and the higher substitution rate of diesel with NG
(80%), BTE dropped in all DF cases.
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Figure 36: Impact of DF combustion on BTE
Therefore, an optimization of the diesel injection strategy was conducted, in terms of rail pressure and SOI.

The goal of the optimization was to recover the lost efficiency, maintaining the reduction of diesel energy
while minimizing the amount of NG.

*-80%0 Diesel fuel at 44 Nm #-60% Diesel fuel at 177 Nm
-80% Diesel fuel at 177 Nm #-60% Diesel fuel at 265 Nm

4.0
2.0 1 ’f
0.0 T T - T

-2.00a 0 20% 40% G(f/o 80% 100%
-4.0 A
-6.0
-8.0 A

-10.0 A I

-12.0

BTE variation

100 - Xo[%]

Figure 37: Impact of diesel injection strategy on BTE for the cases at higher reduction of diesel energy

It's important to note that optimization was exclusively carried out for cases involving a more substantial
reduction of diesel energy, specifically at 60% and 80%. As depicted in Figure 37, favourable results in terms
of engine efficiency recovery were achieved across all the scenarios examined. Moreover, in all the Dual-
Fuel (DF) cases with a BMEP equal to or greater than 8 bar, the calibration led to an enhancement in BTE,

surpassing even the BTE values in CDC mode. The sole exception was the lowest load condition (44
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Nm/BMEP = 2 bar), where it was not possible to surpass or match the BTE value attained in the
corresponding CDC operation.

Being the lowest load (44Nm/BMEP = 2 bar) the most critical condition for DF NG-diesel combustion, it was
decided to numerically investigate at this operating point the effect of various H2-NG blends.

4.3.2 Computational model and validation

The CFD-3D tool used in the present work is Ansys Forte [40].

The main models adopted for the simulations are summarized in Table 10.

Table 10: Main models used for the CFD-3D DF combustion modelling.

Turbulence model RANS RNG k-

Wall Slip model Law of the Wall

Droplet collision model Adaptive Collision Mesh model

Breakup model Kelvin-Helmholtz/Rayleigh-Taylor coupled with Unsteady
Gas-Jet model

Fuel vaporization model Discrete Multi-Component model

Wall Film model Particle Numerical model

Combustion model G-Equation coupled with chemical kinetics

The chemistry set utilized in the numerical model comprises 191 distinct species. The diesel fuel is
represented as a 2-component surrogate, consisting of n-decane (67% by weight) and 1-methyl
naphthalene (33% by weight), possessing a Cetane Number (CN) of 55. Soot is simplistically modelled as a
gaseous species, taking into account the following aspects:

e Nucleation pathways through benzene and phenyl.
e  Growth predominantly governed by the HACA mechanism.
e Oxidation facilitated by 02 and OH.

Each simulation commences at Intake Valve Closing (IVC), with NG or H2-NG blends thoroughly mixed with
air and residuals (the latter set at 10%). The assumption of a homogeneous charge at IVC is quite realistic,
given that the gas injectors are positioned a considerable distance from the intake manifold, allowing ample
time for the gaseous fuel to thoroughly mix with the incoming air.

The compositions of NG and H2-NG blends are reported in Table 11, along with the corresponding physical
properties.

Passing from DF NG-diesel to DF H2-NG-diesel combustion, the energy associated to the premixed charge is
kept constant.

As the amount of H2 increases, the total mass of fuel progressively decreases, since NG is replaced by a fuel
having a higher LHV (120 vs 47 MJ/kg).
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Table 11: Composition and physical properties of NG and NG+H2 blends considered.

NG NG+5%H2 | NG+10%H: NG+15%H NG+20%H: NG+25%H: NG+30%H:
CH4 96.0% | 91.2% 86.4% 81.6% 76.8% 72.0% 67.2%
é CHe | 2.5% 2.375% 2.25% 2.125% 2.0% 1.875% 1.75%
z CsHs | 0.5% 0.475% 0.45% 0.425% 0.4% 0.375% 0.35%
g' E N2 1.0% 0.950% 0.9% 0.85% 0.8% 0.75% 0.7%
S X | H 0.0% 5.0% 10.0% 15.0% 20.0% 25.0% 30.0%

The computational grid was constructed using the Sector Mesh Generator Utility, an integral component of

Ansys Forte. Owing to the axial symmetry of the piston bowl and the uniform spatial distribution of the six

injection orifices, a 60° sector mesh was employed (see Figure 38) Non-axial-symmetric intricacies in the
cylinder head and piston crown were disregarded, as their impact on the combustion process is minimal.
The average cell size was established at 1.3 mm, aligning with industry-standard best practices. A minimum
of four cell layers was enforced in the squish region at TDC, with an additional three cell layers located
between the piston and liner. It's noteworthy that the crevice above the top piston ring was slightly
widened and deepened compared to the actual dimensions, done to maintain the correct compression ratio
without altering the squish height. Ultimately, the computational grid encompasses 21,760 cells at TDC and
105,728 cells at BDC.

Figure 38: Computational grid at TDC made with Forte

The main engine parameters of the experimental reference case are reported in Table 12. The case
considered for the experimental validation corresponds to the highest substitution rate of diesel (diesel
energy reduced by 80%) with NG at 3000 rpm — 44 Nm/BMEP = 2 bar.
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Table 12: Main engine parameters of the validation case, 3000RPM 44Nm BMEP=2bar

NG mass [mg/cycle/cyl] 21.11
diesel mass [mg/cycle/cyl] 2.42
diesel injection pressure [bar] 670
diesel pilot SOI [CA °AFTDC] -18.56
diesel pilot duration [CAD] 4.0
diesel pre SOI [CA °AFTDC] -10.28
diesel pre duration [CAD] 4.0
diesel main SOI [CA °AFTDC] -2.00
diesel main duration [CAD] 5.5
diesel in pilot injection [%] 25.6
diesel in pre injection [%)] 25.6
diesel in main injection [%] 48.8
residuals [%] 10
EGR [%] 0
Swirl Ratio 1.8

The experimental validation of the CFD-3D model is conducted with a focus on in-cylinder pressure and the

Apparent Heat Release Rate (AHRR). As for pollutant emissions, they are excluded from the validation
process, given that the default models integrated into Ansys Forte are expected to provide adequate

accuracy, particularly in capturing the relationship between hydrogen volumetric fraction and emissions.

The experimental-numerical comparison shown in Figure 39 reveals a satisfying agreement between

measurements and simulation. This outcome is further confirmed in Table 13, by the values of IMEP* and
peak cylinder pressure. IMEP* is calculated by the following formula, where V; is the engine displacement
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(1. 27)

Figure 39: Comparison between experimental and numerical in-cylinder pressure and AHRR 3000RPM 44 Nm BMEP=2bar
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Table 13: Comparison between experimental and numerical results at 3000 rom 44 Nm BMEP=2bar

Experimental Numerical Error %
IMEP* [bar] 3.84 3.89 1.36
Max Pressure [bar] 75.19 72.77 3.21

4.3.3 Results and discussion

In this section, the results of the numerical simulations are analysed.

Figure 40 shows the calculated in-cylinder pressure and the AHRR for different volume fractions of hydrogen
(from 0% to 30%, by steps of 5%). The CDC is also reported, for a straightforward comparison. As hydrogen
increases, the peak pressure always increases: the maximum variation is of about 11%, from 72.8 bar to
80.7 bar. This behavior is the direct consequence of the higher heat release rates, due to the increasing
content of hydrogen in the premixed charge.

Combustion patterns in Dual-Fuel (DF) operations differ significantly from the standard diesel combustion.
In the latter case, the Apparent Heat Release Rate (AHRR) exhibits three distinct peaks, corresponding to
the combustion of the pilot, pre, and main injections, respectively. However, in DF cases, the effects of
individual injections are not discernible since heat release is primarily governed by the propagation of the
flame within the charge, which is ignited by minimal quantities of diesel fuel (the latter being reduced by
80% when transitioning from Conventional Diesel Combustion or CDC to DF operation).

Furthermore, in DF mode, combustion is shifted away from Top Dead Centre (TDC), resulting in a minimum
increase of 8.5% in peak cylinder pressure when moving from CDC to a DF case with 0 vol% of H2.
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Figure 40: Influence of hydrogen content on in-cylinder pressure and AHRR

As the H2 fraction increases, combustion becomes faster: as visible in Figure 41 , the angle at which 50% of
fuel is burnt (CA50) goes from 10.4° to 8.7°. This outcome is due to the combination of two effects:

e the reduction of the ignition delay, calculated as the difference between the pilot SOl and the angle
at which 5% of fuel is burnt (CA5): this angle passes from 18.1 to 17.2 CAD;

e the reduction of the main combustion duration, defined as the angular window during which the
burnt fuel raises from 10 to 90%: this angle varies from 28.35 CAD to 26.10 CAD(see Figure 42);
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The reduction of combustion duration is also responsible of a slight increase of Peak Pressure Rise Rate
(PPRR), reaching its maximum when the hydrogen content in the NG-air mixture is equal to 30 vol%.
However, this maximum value of PPRR (2.6 bar/°) is well below the top limit (typically: 10-13 bar/°).
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Figure 41: influence of hydrogen content in CA50 and ignition delay
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Figure 42: influence of hydrogen content in CA10-90 and PPRR
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Figure 43: influence of hydrogen content in combustion and thermal efficiency
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The addition of hydrogen to the NG-air mixture not only speeds up the combustion process, but it also
enhances its completion: this result may be observed in Figure 43, reporting the combustion efficiency (nc).
nc is evaluated by means of the following formula:

Ein — mypc LHVype — Myp LHVy,; — meo LHV o .

100
Ein

Ne =
(1. 28)

Where:

Ein = mp LHVp + mygip2 LHV G4 p2 is the energy provided by the Diesel fuel and the NG-H2 mixture;

Mpyc+y2 IS the mass per cycle of the NG-H2 mixture;

LHVy 4 h2 is the Lower Heating Value of the NG-H2 mixture;

myp is the mass per cycle of Diesel fuel;

LHV, is the Lower Heating Value of Diesel fuel;

mypc is the mass per cycle of Unburnt Hydrocarbons at Exhaust Valve Opening;

LHVyyc is the Lower Heating Value of Unburnt Hydrocarbons;

my is the mass per cycle of Hydrogen at Exhaust Valve Opening;

LHVy, is the Lower Heating Value of Hydrogen;

Mco is the mass per cycle of carbon monoxide at Exhaust Valve Opening;

LHV,, is the Lower Heating Value of carbon monoxide.

Figure 43 clearly illustrates the decline in nc (combustion efficiency) when transitioning from CDC to DF
operations. However, the introduction of hydrogen partially mitigates the loss in efficiency. The combustion
efficiency penalty decreases from 40% when comparing CDC with DF_0 vol% H2 to 21.6% when considering
DF_30 vol% H2. In other words, a 31% improvement in combustion efficiency is observed when moving
from DF_0 vol% H2 to DF_30 vol% H2.

A similar trend is observed for Gross Indicated Thermal Efficiency (GITE*), which represents the ratio of the
indicated work calculated between IVC and EVO to the fuel energy. The improvement associated with the
highest H2 content is 37.8%. This improvement is not only due to enhanced combustion efficiency but also
to a more efficient cycle (faster combustion). Nonetheless, the efficiency gap between CDC and DF
operations cannot be fully recovered.

Positive developments arise in terms of CO2 emissions, as demonstrated in Figure 44. They can be
significantly reduced in DF mode by the addition of hydrogen. A 36.4% enhancement is observed from CDC
to the DF case characterized by the highest H2 content. This outcome was anticipated since 80% of diesel
fuel is replaced by CH4 (which has the highest H-to-C ratio among hydrocarbons) and H2, both of which do
not produce CO2.

Due to the presence of hydrogen in the premixed mixture, CO2 emissions decrease by up to 30.7% when
increasing the hydrogen volume fraction from 0 vol% to 30 vol%. However, it's essential to note that this

65



advantage will diminish when adopting an oxidation catalyst due to the conversion of Unburned
Hydrocarbons (UHC) and CO into CO2."
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Figure 44: influence of hydrogen content in CO2, CO and UHC emissions

As far as pollutant emissions are concerned, the improvement of the DF NG-diesel combustion process
when adding hydrogen is confirmed. CO and UHC decrease by 54.1% and 70.4%, respectively, when
comparing the DF_0 vol% H2 case to the DF_30 vol% H2 case. However, even with the higher rate of H2 the
CDC emissions are lower.

The reduction of CO and UHC depends on the increase of the OH radical pool, related to the hydrogen
content. Figure 45 clearly shows the correlation between the unburned CH4 - that represents the main
constituent of UHC emissions in DF mode - and the concentration of OH.
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Figure 45: Influence of hydrogen content on OH concentration and methane oxidation

It is worth noting that, in DF NG-diesel combustion mode, most of the UHC is generated by the quenching
of the flame at the periphery of the combustion chamber, in the so called “end gas”. This phenomenon can
be viewed in Figure A. 1, in the Appendix. The figure presents the distribution of Temperature, n-C10H22
CH4 and OH concentrations on two cut planes coincident with the diesel spray axis, at different crank
angles, during the combustion process. The choice of n-C10H22 for representing the concentration of diesel
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fuel is due to the fact that this hydrocarbon is the main constituent of the diesel surrogate used in the

numerical model.
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Figure 46: influence of hydrogen content in NOx emissions

Despite the cylinder peak pressure tends to increase in DF mode when the hydrogen content in the NG-air
mixture grows up, NOx emissions follow the opposite trend (see Figure 46). As H2 increases from 0% to
30%, NOx emissions are reduced by 15.9%. NOx emissions in DF mode with 30 vol% hydrogen are also
slightly lower than that of CDC operation (5.72 g/kWh and 5.85 g/kWh, respectively).

Finally, the strong reduction of diesel fuel in the DF operations (-80%) permits to almost cancel soot

emissions, which fall at values lower than 0.001 g/kWh. The addition of H2 further reduces this ultra-low

value.

It can be concluded that the addition of H2 to the NG-air mixture is an effective way to improve DF NG-

diesel combustion at low loads, and such an enhancement grows as the hydrogen mole fraction increases.
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4.4 Conclusions

First, my project was centred on an experimental campaign involving a 4-cylinder, 4-stroke 2.0L diesel
engine. | conducted performance and emissions measurements for two configurations: standard diesel and
"3+1," where one cylinder operated in RCCI mode (a combination of gasoline and diesel), while the other
three used diesel. With the obtained experimental data, | built and calibrated a CFD-1D engine model for an
RCCI 4-stroke 4-cylinder engine. | also virtually developed a 2-stroke engine with the same specifications as
the 4-stroke counterpart. | aimed to replicate combustion patterns observed in the tested RCCl engine,
including the combustion chamber geometry, charge composition, in-cylinder flow field, and diesel injection
strategy. The results were promising. Transitioning from standard diesel to RCCI, whether in a 4-stroke or 2-
stroke engine, consistently led to significant reductions in NOx and soot emissions. Despite an increase in
hydrocarbon (HC) and carbon monoxide (CO) emissions, these remained manageable and could be
efficiently addressed using cost-effective Oxidation Catalysts. Furthermore, switching to RCCI consistently
improved brake thermal efficiency, presenting the 2-stroke RCCI engine as a compelling choice, especially at
full load and high engine speeds.

Secondly, | ventured into the intricacies of combustion chamber design for a dual-fuel (DF) engine. My focus
was on micro-cogeneration applications with a maximum electric power output of 50 kW. | sought to
optimize the trade-off between Brake Thermal Efficiency (BTE) and NOx emissions across a range of loads.
My approach involved extensive 3D CFD simulations, assessing various bowl shapes, injector positions, and
spray angles. The outcomes were as follows: at full load, new cylindrical bowl shapes did not provide
significant advantages over the original design in terms of the IMEP-NOXx trade-off. The "28R5" bowl
configuration showed a modest improvement, with a 1% increase in IMEP and a 1.26% reduction in specific
NOx emissions. A deeper bowl ("23R5") held promise, with numerous injector configurations improving
IMEP and overall thermodynamic cycle efficiency. At partial load, "23R5" exhibited a substantial 14%
reduction in specific NOx emissions compared to the original bow! design, while "28R5" demonstrated a
remarkable 38% improvement. These findings highlighted that the standard piston bowl| design offered a
near-optimal balance between thermodynamic efficiency and pollutant emissions at full load, but a deeper
cylindrical bowl with a smaller radius became particularly advantageous at partial load, enhancing the
engine's performance characteristics.

Lastly, my third project utilized CFD-3D simulations to investigate the impact of hydrogen addition to a lean
premixed mixture in DF natural gas (NG)-diesel combustion. | focused on a specific operating point
characterized by low load and high speed (3000 rpm, 2 bar BMEP), aiming to mitigate high CO and UHC
emissions observed in previous experiments. The introduction of hydrogen into NG-H2 blends yielded
significant outcomes. In-cylinder peak pressure increased by 11% due to reduced ignition delay and
combustion duration. CA50 (crank angle) shifted from 10.3° to 8.7° after top dead centre (CA°AFTDC).
Pressure rise rate (PPRR) increased by 27.4%, with the maximum value (2.6 bar/°) staying well below the
critical limit (10-13 bar/°). CO2 specific emissions decreased by 30.7%, owing to a lower carbon content and
increased thermal efficiency. Notably, CO and UHC emissions dropped significantly by 54.1% and 70.4%,
respectively, primarily due to the higher concentration of the OH radical. Hydrogen addition proved highly
effective in promoting combustion at the chamber's periphery, reducing early flame quenching. These
reductions in emissions translated to a 31% increase in combustion efficiency. Furthermore, NOx emissions
decreased by 15.9%, demonstrating the overall environmental benefits of hydrogen addition.

In summary, my research uncovered the potential of the 2-stroke cycle as an effective platform for RCCI
combustion systems, showcasing significant reductions in emissions and fuel consumption without
compromising brake performance. It also emphasized the significance of optimizing combustion chamber
design for DF engines, providing insight into the trade-off between BTE and NOx emissions. Lastly, it
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highlighted the effectiveness of hydrogen addition in mitigating emissions and enhancing combustion
stability in DF NG-diesel combustion, particularly at low loads.
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5 Aircraft powertrain

The development of modern aircraft engines has been driven by a quest for high-performance and
efficiency, in pursuit of safe, reliable, and environmentally friendly aviation. When designing an aircraft
engine, several key factors come into play. One of the foremost requirements is achieving a high power-to-
weight ratio. This is a critical parameter as it directly impacts the aircraft's performance, allowing it to climb
swiftly, cruise efficiently, and respond promptly to dynamic flight conditions.

Aircraft engines must also possess compact overall dimensions, enabling installation without the need for
significant modifications to the aircraft bodywork. This factor is crucial to minimize aircraft downtime and
maintenance costs, as well as to enhance the adaptability of the engine across various airframes.

Low fuel consumption is another pivotal goal in aircraft engine design. Fuel efficiency contributes to longer
operational ranges, extended mission durations, and reduced operating costs, all while diminishing the
environmental footprint of aviation.

For military applications, the ability to run on Jet Fuel (JP-8) is of utmost importance. This fuel compatibility
ensures logistical simplicity and versatility for military aircraft.

Nowadays, the most successful aircraft piston engines run on the 4-Stroke (4S) cycle, burning kerosene[66]
or gasoline.[67,68] It is interesting to notice that these engines are specifically designed for aviation, they
are not derived from automobile or motorcycle units.

In this scenario, the 2-Stroke cycle yields several advantages, compared to a standard 4-Stroke, 2S engines
have demonstrated to be able to reach very high brake thermal efficiencies: the big naval Cl engines can
easily exceed 50 % [69].

There are several examples of 25 Cl aircraft engines, starting from the Junkers JUMO developed before
World War Il, and the slightly more recent Napier Deltic, both of them adopting the Opposed Piston
design.[70] Among the modern propositions, some success was achieved by the WAM engine developed by
Wilksch Airmotive, and described in some technical papers.[71,72] The WAM engine is a 3-cylinder in line,
1.8 L, Indirect Injection (IDI) turbocharged engine; it uses a Uniflow scavenging system, with a set of inlet
ports along the cylinder liner, and 2 exhaust poppet valves on the cylinder head. The engine weights about
100 kg, and it’s able to deliver up to 90 kW at 2600 rpm, in the version described in.[71]

Other 2S Cl aircraft prototypes have been developed by DeltaHawk[73] and Zoche[74].

The absence of certified 2S Cl aircraft engines on the market (at least at the moment of writing this thesis)
demonstrates that the practical application of this concept is far from trivial.

Since their inception in the 1930s, 2-stroke diesel engines have made a significant impact in the field of
aviation, offering a distinct set of advantages over their 4-stroke counterparts. These advantages have made
them a preferred choice in many aircraft applications.

e Downsizing: The increased cycle frequency allows for the downsizing of the engine. This means that
a 2-stroke engine can deliver the same power output as a 4-stroke engine of larger displacement,
resulting in a superior power-to-weight ratio. Aircraft engineers can achieve higher power density
without adding excessive weight

e Downspeeding: 2-stroke diesel engines can operate at lower rotational speeds while maintaining
their power output. This eliminates the need for a reduction drive, a common component in 4-
stroke aircraft engines.
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e Smoother Torque Output: The double cycle frequency leads to a smoother torque output. This
consistent torque curve is highly advantageous for maintaining steady aircraft performance, even
with varying operational conditions

Another significant advantage of 2-stroke diesel engines is the absence of poppet valves, a defining feature
of 4-stroke engines. This design difference leads to several benefits, among them the elimination of poppet
valves results in a simpler engine design with fewer moving parts. Fewer components mean reduced
maintenance and a lower likelihood of component failure, leading to enhanced reliability.

Hybrid aircraft, which combine both traditional thermal engines and electric motors, offer several
compelling advantages over their fully electric counterparts. One of the key benefits lies in the ability to
decouple the thermal engine from the electric motor, especially in a parallel layout. This decoupling leads to
a range of advantages, including the flexibility to operate in either a fully electric mode or a full thermal
mode, presenting a versatile solution for various flight scenarios. In addition to this flexibility, hybrid aircraft
also enjoy enhanced power during critical phases of flight, such as takeoff maneuvers. Furthermore, one
must consider that fully electric aircraft face the significant challenge of dealing with the substantial weight
of batteries, which can result in a massive overall aircraft weight, potentially limiting their efficiency and
performance. These advantages collectively make hybrid aircraft an attractive proposition for the aviation
industry, offering a balance between traditional and electric propulsion technologies while addressing some
of the limitations associated with full electrification.

Pros:

e Efficiency and Performance: The hybrid 2-stroke power unit can harness the benefits of electric
propulsion, such as instant torque and efficient power delivery. This results in improved efficiency
and performance. Electric motors can provide an additional power boost during take-off and climb,
optimizing the aircraft's performance in critical phases of flight.

e Emissions Reduction: By combining electric propulsion with an internal combustion engine, it's
possible to significantly reduce emissions, especially during low-power and cruise phases.

e Wide Operating Range: ICEs have a broader operating range compared to some other propulsion
technologies. This means the hybrid system can efficiently adapt to various flight conditions, from
low-speed taxiing to high-speed cruising and rapid climb phases.

e Technology Transfer: technologies from the automotive sector can be adapted and transferred to
the design and development of hybrid 2-stroke power units for light aircraft. This can potentially
expedite advancements and reduce development costs.

Cons:

e Weight Increase: The addition of electric components, such as batteries and electric motors, can
increase the overall weight of the aircraft. This added weight can offset some of the advantages
gained from electric propulsion, particularly if it results in reduced payload capacity or increased
fuel consumption.

e Complexity and Cost: Integrating a hybrid power unit into an aircraft introduces complexity in terms
of system design, integration, and maintenance. This complexity can lead to higher manufacturing
and maintenance costs, which might not be feasible for some operators, especially in the light
aircraft sector.

e Reliability: The reliability of a hybrid power unit can be a concern. It introduces more components
and systems, increasing the risk of failures or maintenance issues. Ensuring the reliability of a
complex hybrid system is crucial for aviation safety.
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5.1 Uniflow scavenged engine performance optimization

One of the most critical aspects is the design of the supercharging system. In a standard 4-stroke
turbocharged engine, volumetric efficiency mainly depends on the pressure within the intake manifold.
However, in 2-stroke engines, the gas exchange process, determined by the geometry of each cylinder, is
governed by the pressure difference between the inlet and exhaust ports. Therefore, the efficiency of each
turbo-machinery component, along with the turbine back-pressure, holds a more significant role in 2-
strokes. Additionally, when selecting a turbocharger, one must consider the entire range of altitudes at
which the aircraft operates.

The proposed 2-stroke engine adopts a Uniflow scavenging system, featuring two exhaust poppet valves on
the cylinder head and a set of inlet ports along the cylinder liner. The details of the scavenging system
design are supported by 3D-CFD simulations. The combustion system, consisting of an axisymmetric piston
bowl and a Common Rail injector positioned nearly coincident with the cylinder axis, mirrors that of a 4-
stroke engine.

During the engine's development, several critical design issues were addressed. These included mitigating
blow-by between the piston and liner, which is caused by liner deformation and the presence of scavenge
ports at the cylinder's bottom. Another significant concern was the cooling of the cylinder head, as it
experiences twice the frequency of the 2-stroke cycle. This latter issue can be partially addressed by
maintaining a high air-fuel ratio and operating at lower combustion temperatures and pressures.

CMD S.p.a., a LONCIN company, is developing a new CI 2S aircraft engine, named GF56, whose features are
listed in Table 14. the engine may have two different layouts: configuration A (twin turbochargers,
intercooler, twin Roots superchargers), and configuration B, that differs from the previous one only for the
presence of a single turbocharger. Both configurations are of interest, for different aircraft applications
(different layout constraints). The engine can be easily installed on many different aircraft, thanks to the
compact layout of cylinders (flat 6), and the reduced overall dimensions and weight. In comparison to the
best in class certified Cl engine, CD-300, by Continental Engines,2 GF56 is lighter (220 vs. 265 kg), and more
powerful (360 vs. 300 HP), with similar or smaller overall dimensions. A fair comparison is not possible at
the moment, since GF56 has still to receive its certification.

Table 14: Main features of the new 2S Cl aircraft engine by CMD

GF56 engine features
Layout 6-cylinder, boxer
Bore [mm] x Stroke [mm] 106 x 105
Total displacement [cm?3] 5560
Compression Ratio [-] 17.2
Fuel Diesel Fuel or Jet A-1
Supercharging A Twin turbochargers, intercooler, twin Roots superchargers
Supercharging B Single turbocharger, intercooler, twin Roots superchargers
Scavenging type Uniflow, with exhaust valves and piston controlled scavenge ports
Exhaust valves per cylinder 2
Cooling Liquid-cooled
Alternator [V] 24
Dry weight [kg] 220
Dimension Lx H x W [mm] 1016 x 628 x 912
Target power (sea level) [HP@rpm] | 360@2400
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5.1.1 Numerical — experimental validation: CFD 1D

The analyzed 2S engine has been modelled using the 1D-CFD software GT-Power. To facilitate this modelling,
the software requires certain input data, such as the discharge coefficients of the scavenge ports, which are
needed as a function of the port opening degree and pressure ratio across the port. Additionally, for the
Zero-Dimensional (OD) modelling of the scavenging process, a correlation between the fraction of
combustion products in the exhaust flow and the concentration of exhaust gas within the cylinder is
essential.

The analysis reveals that the scavenging process patterns are relatively independent of the gas-dynamic
conditions across the cylinder and the position of the cylinder within the air-chest. Furthermore, the quality
of the scavenging process in the optimized cylinder configuration is excellent. There is no loss of fresh
charge through the exhaust valves until half of the cylinder is emptied, and the concentration of air in the
exhaust flow consistently remains much lower than in the cylinder until the fraction of exhaust gas within
the cylinder drops to less than 10% [75].

The GT-Power model for the GF56 engine is calibrated using experimental data collected from a prototype
that is similar to, though not identical to, the final configuration known as "A" of the engine. The primary
differences between the prototype and the final engine configuration lie in the sizes of the turbochargers
and Roots blowers, as well as in some geometric details of the scavenge ports.

The engine's operating conditions are defined with consideration for its coupling with a propeller. This
means that the load increases with speed. The maximum speed, which is 2400 rpm, corresponds to the
maximum power delivered by this older version of the engine. The measurements obtained include the
pressure traces of each cylinder, which are ensemble-averaged over 100 cycles.

During the simulation, the engine's performance is evaluated by imposing the experimental operating
conditions, including ambient pressure and temperature, engine speed, fuel mass, and intercooler outlet
temperature. Additionally, combustion is represented based on the experimental burn rates, which have
been measured at various speeds. To account for friction losses, the Chen-Flynn approach is employed, and
parameters are configured to align with the experimental values of FMEP.

In the calibration process, one of the crucial parameters considered is the blow-by during compression. This
is modelled using a calibrated orifice located between the cylinder and air chest. It's important to note that
this aspect represents a significant difference between the calibration of a 2-stroke (2S) and a 4-stroke (4S)
turbocharged engine.

Figure 47 show a comparison between experimental and simulation results, considering some fundamental
thermo-fluid-dynamic parameters: turbocharger speed (a), turbine inlet pressure (b),air flow rate (c), air-
chest pressure (d), Turbine Inlet Temperature (TIT) (e), BMEP (f), in-cylinder pressure trace at 2400 rpm,
high load (g), in-cylinder pressure trace at 1800 rpm, low load (h).

The calibrated numerical model demonstrates a high level of accuracy and physical consistency in predicting
both average and instantaneous parameters. While generally the agreement between numerical results and
experimental measurements is good, there are a few areas with minor discrepancies. For instance, there is
a wider gap between numerical results and experimental measures for TIT. Additionally, the instantaneous
cylinder pressure at the opening of the exhaust valve appears to be slightly underpredicted, which suggests
a potential overestimation of the exhaust valve permeability at low lifts.

Despite these minor differences, the overall agreement between the numerical model and experimental
data can be considered quite satisfactory.
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Figure 47: comparison between experimental and numerical results of the calibrated GF56 model
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5.1.2 Numerical — experimental validation: CFD 3D

The optimization of the combustion system is supported by 3D-CFD simulations, employing a customized
version of the KIVA-3V code.

Due to the almost perfect symmetry of the combustion chamber and the injector nozzle, a sector mesh is
considered, the computational grid is depicted in Figure 48.

It's important to note that obtaining an experimental measure of the composition of the charge trapped
within the cylinder in 2S engines can be challenging. Exhaust gas analysis alone does not provide a
straightforward means of determining the portion of air that bypasses the cylinder during the scavenging
process. Additionally, the composition of the trapped charge in 2S engines may vary significantly from one
cylinder to another due to the strong dependence on the local dynamics of the inlet and exhaust manifolds.

| Wl

T

T
HEHRE |
T

Figure 48: GF45 sector mesh computational grid

To address this challenge, the calibrated 1D-CFD model, supplemented by the results from the 3D-CFD
scavenging analyses, plays a crucial role. The 3D-CFD analyses also provide the initial flow field for the
combustion analysis, which commences from the closure of the exhaust valves and concludes at their
opening.

In Figure 49 , the experimental validation of the 3D-CFD model is presented in terms of pressure traces
within the cylinder. This validation covers two engine speeds (1800 and 2000 rpm) and two alternative
injection strategies (pilot and main injection, as well as main injection only), all while maintaining the same
calibration parameter settings. The comparison between simulations and experiments for all four different
points demonstrates a reasonable agreement.

It's important to consider that when comparing experimental pressure traces to simulations, both the
experimental measurements and the simulation results are unavoidably influenced by a variety of small
uncertainties. For instance, each fuel injector may have slight differences, and the same can be said for the
turbochargers and the Roots compressors. The accumulation of these small variations makes it nearly
impossible to achieve a perfect match between theory and practice.
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Figure 49: Comparison between numerical (purple line) and experimental (green line) in-cylinder pressure

The experimental results obtained from the initial prototypes have indicated that the geometry of the
combustion chamber does not necessitate significant modifications. Additionally, the design of the injector
nozzle appears to be reasonable. Consequently, the numerical development of the combustion system was
primarily focused on optimizing the injection strategy.

Particular attention was dedicated to take-off conditions, during which the engine operates continuously at
maximum load and maximum speed for several minutes. This operating point generates the highest
mechanical stress, not only on the engine but also on the propeller. The objectives at this stage are two-
fold: first, to ensure complete and efficient combustion from a thermodynamic perspective, and second, to

maintain strict control over peak cylinder pressures and PPRR. The specified limits for these parameters are
110 bar and 5 bar/°, respectively.

In evaluating combustion quality, several aspects are taken into consideration:

1. Combustion efficiency, which is the ratio of heat released by combustion to the fuel energy (mass of
injected fuel multiplied by its lower heating value).

2. Adiabatic efficiency, which is the ratio of net combustion heat (energy released by combustion
minus the heat rejected through the walls) to the total heat released by combustion.

3. IMEP*, which represents the work done by the gas on the piston at closed valves (from exhaust
valve closing to exhaust valve opening) divided by the cylinder displacement.
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It's worth noting that engine brake power and specific fuel consumption are directly influenced by IMEP¥,

as the total fuel quantity remains constant for all the analyzed strategies. Furthermore, both adiabatic and

combustion efficiencies are crucial for various reasons. Higher adiabatic efficiency results in less heat being
rejected through the walls, which in turn allows for smaller, lighter, and less cumbersome coolant radiators,
highly advantageous features for aircraft. The completeness of combustion has a direct impact on pollutant
emissions, particularly in terms of soot. While this aspect may not currently be regulated, it is highly valued

by customers for its contribution to reduced visible smoke emissions.
For compactness of notation, the following symbols are employed:

e M _s#: Main injection only, Start of injection # degrees before TDC

M&M: Injection split into two similar shots (Main & Main)

PPM: Split injection made up of 3 shots: Pilot, Pre and Main

PPPM: Split injection made up of 4 shots: Pilot1, Pilot 2, Pre, and Main

The amount of fuel and the timing of each shot are indicated according to the following notation:

PPPM_Pxx_yy_Pzz_ff Pgg_hh_Mii_jj

where:

xx: advance of pilot 1 injection from TDC;

yy: percent of fuel introduced in pilot 1 injection;
zz: advance of Pilot 2 injection from TDC;

ff: percent of fuel introduced in Pilot 2 injection;
gg: advance of Pre injection from TDC;

hh: percent of fuel introduced in Pre injection;

ii: delay of Main injection from TDC;

jj: percent of fuel introduced in Main injection.

As an example: PPPM_P40 11 P28 8 P17 8 M2 73 means:

Pilot injection 1: SOI at 40° BTDC, 11% of total fuel;
Pilot injection 2: SOI at 28° BTDC, 8% of total fuel;
Pre injection: SOI at 17° BTDC, 8% of total fuel;

Main injection: SOl at 2° ATDC, 73% of total fuel.

Table 15 shows that the maximum values of IMEP* are obtained by using a single Main injection, phased
around TDC. M_s0 provides an indicated work corresponding to 8.6 bar, complying with the limit on peak
cylinder pressure (=106 bar <110 bar). IMEP* cannot be improved without exceeding the limit on peak

cylinder pressure.

77



Table 15: analysed injection strategies at 2400RPM - full load

Swirl Total |Injected sol Injected sol Injected
Rati Injected| mass |p; .| Mass |p o Injected| SOl | Mass | SO! [IMEP| pmax |CA max.
Name atol \rass | Pilot1 1 | Pilot2 |, | mass Pre | Main [MAIN| * pressure

[] CAl FCAl Pre [%] |[°CA] [°cA]|[bar]| [bar] | [
[mg] | [%] [%] [%]

M_sO 2.0 56 0% - 0% - 0% - 100% 0 [8.60|105.61|13.6252
M_s2 2.0 56 0% - 0% - 0% - 100% 2 |8.77]116.22/10.8743
M&M_M3_37_M5_63 2.0 56 0% - 0% - 37% -3 63% 5 18.33]107.61|11.5726
PPM_P40_10_P15_10 _M1_80 2.0 56 10% | -40 0% - 10% | -15| 80% 1 |7.90/104.58/11.6334
PPM_P40_16_P16_16_M2_68 20| 56 16% |-40 | 0% - | 16% |-16| 68% | 2 [8.23/110.53/10.5403
PPPM_P40_11 P28 _8 P17_8 M2_73| 2.0 56 11% | -40 8% -28 8% -17 | 73% 2 |8.42(104.81{11.8037
PPPM_P40 8 P28 6 P17 6 M1 80 | 2.0 | 56 8% |-40| 6% |-28| 6% |-17| 80% | 1 |8.11[101.60/12.6336
PPM_P40_16_P6_21 M2_63 2.0 56 16% | -40 0% - 21% -6 63% 2 |8.59]109.64{10.8405

Unfortunately, Table 16 reveals also that PPRR is well over the threshold (9.1 bar/°>5bar/°). Moreover, the
heat rejected through the walls is relatively high, getting a lower than average adiabatic efficiency of 84%.

The M&M injection strategy seems to improve PPRR (6.6 bar/°), but not it is not sufficient to meet the limit.

A 3-shot injection (Pilot-Pre-Main, PPM) produces a clear step forward in terms of combustion roughness,
but its efficiency is strongly related to the timing of Pre-injection and to the fuel distribution between Pre
and Main. The optimum combination is found by merging the end of Pre with the beginning of Main, the
last one set at 2° after TDC (PPM_P40_16_P6 21 M2_63). IMEP* is equivalent to the single injection
strategy M_s0, with the following further advantages:

e PPRRis strongly lower (3.4 vs 9.1 bar/°);
e therejected heat is about 1/3 (136 vs 391 J)
The last aspect has a very positive impact on the thermal stress of the cylinder components; moreover, it

leaves more energy available for the turbine. This additional energy, if properly used, can reduce the work
spent by the positive displacement compressor to pump the air toward the cylinders

The smoothness of combustion can be further improved with a second pilot injection (strategy PPPM), but
IMEP* tends to drop a little bit. As an example, with PPPM_P40_8 P28 6 P17_6_M1_80, the minimum
values of peak cylinder pressure are obtained (102 bar) and PPRR (3.0 bar/°), but IMEP* falls from 8.59 to
8.11 bar.
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Table 16: main numerical results for the analysed injection strategies at 2400 RPM - full load

R:u::e “‘é??."' CA 10% | CA50% | cA 90% | MaxT H:,:tu:o Adiab. Eff. ci(::,a;'e);f PPRR

0] ] [°CA] | [°CA] | [°CA] K] ” [%] o4 [bar/*]

M_sO0 2494.35| 100 8.12 12.29 31.59 (1885.5| 391.1 84.32 84.32 9.08
M_s2 2484.51| 100 5.73 9.56 30.13 (1897.3| 405.7 83.67 83.67 10.32
M&M_M3_37_M5_63 2389.84(99.25| 5.03 10.99 36.79 (1813.7| 366.1 84.68 84.04 6.62
PPM_P40_10_P15_10 M1_80 2319.15(96.31| 1.90 11.24 42.48 |1731.5| 90.3 96.11 92.56 2.93
PPM_P40_16_P16_16_M2_68 2346.58(97.45| -2.89 10.23 39.32 (1785.9| 347.6 85.19 83.02 3.58
PPPM_P40_11 P28_8 P17_8 M2_72|2444.82| 100 -2.85 11.80 38.03 (1787.4| 78.1 96.80 96.80 3.48
PPPM_P40_8 P28 6 P17_6_M1_79 (2416.79| 100 1.00 12.63 40.70 |1752.1| 83.8 96.53 96.53 3.05
PPM_P40_16 _P6_21 M2_63 2436.91| 100 1.51 10.84 36.07 (1812.0| 135.9 94.42 94.42 3.43

In Figure 50 a visual representation of the combustion development for the best injection strategy during
take-off, labeled as PPM_P40_16 P6 21 M2 63, is depicted. Oxygen concentration is illustrated on two
cross-sectional planes: the first is a radial plane that includes the cylinder axis and the axis of one of the
injector holes, while the second is a horizontal plane, perpendicular to the cylinder axis and passing through
the injector hole.

At 2 degrees before TDC, combustion is just initiating along the hole axis, not far from the injector nozzle. A
pale blue region, indicating the presence of fuel vapor, is observed at the far end of the bowl, in the
direction of the hole axis. This region serves as the storage location for most of the fuel injected by the pilot,
accounting for about 16% of the total fuel quantity.

Between 6 degrees and 20 degrees after TDC, combustion predominantly occurs within the main bulk of the
bowl, surrounded by a layer of air, especially over the piston and along the liner. This air "cushion" functions
as a thermal barrier, contributing to the exceptional adiabatic efficiency of the system, which exceeds 94%.
The influence of the counterclockwise swirling flow is evident in the deformation of the combustion plume,
causing it to divert from the hole axis and bisect the sector.

At 60° after TDC combustion is complete, leaving no unburnt fuel. The residual Oxygen is due only to the
excess of air (trapped B=1.45)
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5.1.3 Engine performances optimization at sea level

The calibrated engine model was used to optimize some fundamental design parameters, in particular:

height of the scavenge ports (defining also the timing and the mean effective area available for the
inlet flow);

phase and lift profile of the exhaust valves (defining also the timing and the mean effective area of
the exhaust flow);

transmission ratio between engine and Roots superchargers;

size of the turbocharger (swallowing capacity of turbine and compressor).

The main goal of the optimization is to achieve the performance targets (in particular the rated power of
360 HP at 2400 rpm, sea level) minimizing fuel consumption and complying with all the design constraints.
As far as the last ones are concerned, the most important are:

no radical change to the engine design concepts, only refinements (in order to maintain and
possibly improve the lightness of construction);

peak cylinder pressure at continuous full load conditions <110 bar, for the same reasons mentioned
above;

peak cylinder pressure at maximum load for a limited amount of time (overload conditions) <125
bar

peak TIT <800 °C (for turbine reliability and durability);

peak charge temperature at the supercharger outlet <150 °C (for supercharger reliability and
durability);

mass flow rate unbalance among cylinders <5 % (for smooth and repeatable engine operations).

The design of the supercharging system stands out as one of the most critical aspects. In a standard 4-stroke
turbocharged engine, volumetric efficiency is primarily influenced by the pressure within the intake
manifold. However, in 2-stroke engines, the gas exchange process is dictated by the pressure difference
between the inlet and exhaust ports, which is determined by the cylinder geometry. Consequently, the
efficiency of each component of the turbo-machinery and the back-pressure of the turbine play a more
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significant role than in 4-stroke engines. Moreover, when selecting a turbocharger, it's essential to consider
the entire range of altitudes at which the aircraft may operate.

The proposed 2-stroke engine utilizes a Uniflow scavenging system, featuring two exhaust poppet valves on
the cylinder head and a set of inlet ports along the cylinder liner. The design of the scavenging system was
aided by 3D-CFD simulations. The combustion system comprises an axisymmetric piston bowl and a
Common Rail injector positioned almost coincidentally with the cylinder axis, resembling that of a 4-stroke
engine.

Throughout the engine's development, significant efforts were dedicated to addressing issues such as blow-
by between the piston and liner, which is caused by liner deformation and the presence of scavenge ports at
the cylinder bottom. Another challenge was cooling the cylinder head due to the higher frequency of the 2-
stroke cycle. The cooling challenge can be partly mitigated by maintaining a high air-fuel ratio, resulting in
lower combustion temperatures and pressures.

The engine's compact cylinder layout, in a flat-6 configuration, and reduced dimensions and weight make it
highly adaptable to various aircraft. When compared to the best-certified Cl engine, the CD-300 by
Continental Engines, the GF56 engine is both lighter (220 kg vs. 265 kg) and more powerful (360 HP vs. 300
HP), with similar or smaller overall dimensions. However, it's important to note that a fair comparison is
currently not possible as the GF56 is awaiting certification.

The 2-stroke engine under analysis has been modelled using the 1D-CFD software GT-Power. To perform the
simulation, the software requires input data, including discharge coefficients of the scavenge ports in
relation to the port opening degree and the pressure ratio across the port. Furthermore, for Zero-
Dimensional modelling of the scavenging process, a correlation between the fraction of combustion
products in the exhaust flow and the concentration of exhaust gas within the cylinder is crucial. The analysis
reveals that scavenging process patterns remain mostly consistent and independent of gas-dynamic
conditions across the cylinder and its position within the air chest. Additionally, the optimized cylinder
configuration exhibits commendable characteristics, with no loss of fresh charge through the exhaust valves
until half of the cylinder is emptied, and the concentration of air in the exhaust flow consistently lower than
in the cylinder until the fraction of exhaust gas within the cylinder is less than 10%.

The GT-Power model of the GF56 engine is calibrated using experimental data from a prototype that closely
resembles the final engine configuration (Configuration A), with some variations primarily relating to the
size of the turbochargers, Roots blowers, and specific geometric details of the scavenge ports. The engine's
operational conditions are defined with consideration for its coupling with a propeller, where the load
increases with speed. The simulation is executed by applying the experimental operating conditions,
including ambient pressure and temperature, engine speed, fuel mass, and intercooler outlet temperature.
Furthermore, combustion is represented using experimental burn rates, while friction losses are modelled
using the Chen-Flynn approach, with parameters set to match the experimental values of FMEP.

The calibrated numerical model exhibits accuracy and physical consistency in predicting both average and
instantaneous parameters. Although some minor discrepancies may exist, the agreement between
numerical results and experimental measurements can be considered satisfactory.

It is worth noting that obtaining an experimental measure of the charge composition trapped within the
cylinder in 2-stroke engines poses challenges since exhaust gas analysis doesn't readily reveal the portion of
air bypassing the cylinder during the scavenging process. Moreover, the charge trapped in 2-stroke engines
can significantly vary from one cylinder to another due to local dynamics in the inlet and exhaust manifolds.

To tackle this challenge, the calibrated 1D-CFD model, coupled with the outcomes from 3D-CFD scavenging
analyses, proves to be an invaluable tool. The 3D-CFD simulations furnish the initial flow field for the
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combustion analysis, commencing at the moment of exhaust valve closure and concluding upon their
opening. Experimental validation of the 3D-CFD model, as depicted in Figure 49, illustrates reasonable
agreement between simulations and experiments across various engine speeds and injection strategies.

In 2-stroke engines, the distribution of flow among cylinders plays a pivotal role, and this aspect is often
more critical than in 4-stroke engines. This trend was also observed in the initial prototypes of the GF56
engine. The absence of distinct exhaust and intake strokes in 2-stroke engines means that the gas exchange
process is entirely dictated by the fluid-dynamic conditions unique to each cylinder, which may exhibit non-
uniform behavior. Consequently, meticulous attention was devoted to designing equivalent flow paths for
all cylinders and ensuring symmetry between the two cylinder banks. The deployment of a single
turbocharger offers advantages in addressing this issue.

Roots superchargers, situated after the intercooler and directly delivering air into the air chests, make
significant contributions to maintaining the regularity and uniformity of the flow. Although the engine can
operate without them in most operating conditions, it is impractical to remove or bypass them at full load.
To minimize the power absorbed by these machines, a suitable transmission ratio is selected for each
displacement. In the case of an ideal turbocharger capable of delivering the target air mass flow rate
independently, the pressure ratio across the supercharger should be precisely 1 under conditions of
maximum brake power. This configuration would result in zero work being imparted to the charge, with the
power subtracted from the engine being solely that required to offset the mechanical losses linked to rotor
motion.

At full load conditions, the installation of a charge cooler between the turbocharger compressor and the
mechanical blower becomes imperative to prevent rotor overheating. This cooling process not only
prevents rotor overheating but also increases the airflow rate due to the higher gas density entering the
cylinders. Although the possibility of adding a second intercooler, positioned between the Roots compressor
and the air chest, was considered, it was eventually rejected due to design complexity, increased
dimensions, and added weight.

Selecting the appropriate turbocharger poses a significant challenge for an aircraft engine, especially one
designed to operate over a wide range of altitudes, including altitudes as high as 18,000 ft (5486 m).
Ensuring a brake power exceeding 270 HP (equivalent to 75% of the rated power) at this maximum altitude
represents a fundamental objective. The size of the turbocharger and the transmission ratio of the
superchargers are influenced by this goal. As altitude increases, air density decreases, and because there is
no waste-gate for turbine control, the operating point on the compressor map shifts to higher turbocharger
speeds and pressure ratios. When the choke limit is reached, it becomes necessary to reduce the fuel rate
and brake power to prevent over-speeding of the turbocharger. To maintain an effective engine-
turbocharger match, the operating points on the compressor map at sea level should remain significantly
distant from the choke limit, allowing for adjustments within the map as altitude increases. Consequently,
the greater the altitude to be reached, the higher the swallowing capacity required by the turbocharger. It is
essential to bear in mind that high-altitude performance is balanced by high fuel consumption at sea level.

The engine's operation encompasses two primary sets of conditions: full load and propeller load. Under full
load, brake outputs are mainly constrained by the minimum trapped air-fuel ratio necessary for achieving
complete and smokeless combustion, with burn rates directly predicted from CFD 3D simulations. Another
critical limitation pertains to the maximum cylinder pressure, particularly at high speeds (2200-2600 rpm),
where there is a defined limit set at 125 bar. In the case of the propeller curve, a cubic curve is employed,
with a maximum value of 320 HP at 2400 rpm, specifically tailored for typical aircraft applications.

The choice between a single turbocharger and a pair of twin turbochargers has minimal influence on 1D-
CFD results, as both configurations offer equivalent air intake capacity. The slightly greater inertia of a single
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turbocharger is not a significant concern for steady-state simulations. However, the analyzed configuration
involves twin turbochargers, with the turbomachinery represented by experimental maps for both the
compressor and turbine. It is assumed that the intercooler employs the same system as used in
experimental tests, thus eliminating the need for adjustments to the calibrated 1D-CFD engine model.
Figure 51(a)shows the pressure differential across the cylinders, depending on the turbocharger balance
(compressor outlet and turbine inlet pressure), as well as on the contribution of the supercharger (visible in
Figure 51(b)). Differently from a 4S5, the airflow rate delivered by the engine is mainly controlled by this
pressure differential, in combination with cylinder permeability. It is observed that the supercharger
provides a PR higher than 1 (up to 1.2) only at medium-high speeds (>2000 rpm), while at lower speeds it is
almost “transparent” (but it helps to keep the flow regular, stabilizing the oscillations of turbocharger
speed). Even when the supercharger plays an active role on scavenging at sea level, its efficiency remains
quite low. However, it should be considered that this component is designed to be light and compact, more
than efficient; moreover, as altitude increases, its efficiency improves.
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Figure 51: simulation at full load, sea level, cylinder delta-pressure and supercharger behavior

The air available for combustion is much lower than the delivered mass(Figure 52(b)): trapping efficiency is
about 0.5 (Figure 52(a)), meaning that one half of the air pumped into cylinders goes to the exhaust.

At the speed corresponding to the maximum power output (2400 rpm), the charging ratio stands at
approximately 1.35, while the scavenging efficiency reaches 87%. Notably, the composition of the trapped
charge at maximum power for the GF56 engine bears a qualitative resemblance to the composition within
the cylinder of a typical 4-stroke Diesel engine operating at medium load with 13% of EGR. As a result, it is
reasonable to expect that no substantial distinctions will arise in terms of combustion when compared to a
conventional 4-stroke Cl engine.
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Figure 52: simulation at full load, sea level, scavenging parameters (a) and air-fuel ratio (b)
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The operations of both compressor and turbine for each bank of cylinders may be analyzed by plotting the
operating points on the corresponding maps: Figure 53 shows both the compressor and the turbine. The
graphs show that all the operating points of interest fall in high efficiency areas, demonstrating that the
matching between engine and turbocharger is very good.
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Figure 53: simulation at full load, sea level, efficiency map for compressor (a) and turbine (b)

Figure 54 reported different set of characteristic parameters. As expected, at maximum power the values of
IMEP and BMEP (Figure 54(a)) are quite low for a turbocharged engine (15 and 12.5 bar, respectively), and
comparable to the typical values of a naturally aspirated 4S Sl engine. The value of AMEP (Figure 54(b)) at
2400 rpm (1.5 bar) is similar to the one observed at full load, high speed on a 4S Cl marine engine,
equipped with a turbine controlled by a waste-gate valve.18

The FMEPs are roughly halved when compared to those typically encountered in 4-stroke Diesel engines
with the same mean piston speed and in-cylinder peak pressure. In terms of standard brake parameters,
including torque, power, BSFC and BTE, are presented in Figure 54(c-d). t's worth noting that the power
target at 2400 rpm surpasses the expected value by approximately 16 HP, equivalent to a 4% increase, and
further enhancements of up to 24 HP can be achieved by elevating the propeller speed to 2600 rpm. This
surplus power could be employed to optimize down-speeding, leading to reduced fuel consumption,
diminished mechanical strain on rotating components, and a reduction in propeller noise.

Figure 54 (e) presents a check on two fundamental constraints, for engine reliability and durability: TIT and
cylinder peak pressure. It is noted that the TIT is much lower than the limit, because of the dilution with
fresh air, during the scavenging process.

As far as the performance along the propeller curve is concerned, Figure 54(f) illustrates BSFC and power
concerning engine speed. The decrease in fuel-specific consumption during cruising conditions, compared
to full-load operations, can be attributed to the following factors:

e The trapped air-fuel ratio is significantly higher, resulting in lower average combustion temperatures
and peak cylinder pressure, thereby reducing thermal and mechanical losses.
e During part-load conditions, the power consumed by the Roots blowers is minimal.
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In the crucial cruising conditions, particularly at 55%, 65%, and 75% of the maximum propeller power (320
HP), the BSFC is approximately 211 g/kWh. This is a remarkable achievement when compared to the typical
values found in 4-stroke spark-ignition engines (250-300 g/kWh).
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Figure 54: simulation at full load, main engine parameters

5.1.4 Engine performances optimization at high altitude

As noted earlier, an aircraft engine needs to produce substantial power even at high altitudes, where the air
is much less dense. Since turbochargers in such engines do not possess direct control features like a waste-
gate valve or a variable geometry turbine, it becomes imperative to precisely calibrate fuel rates at various
altitudes. This calibration is necessary to maximize power output while avoiding the risk of over-speeding.
By carefully selecting the appropriate turbocharger and fine-tuning the transmission ratio between the
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engine and supercharger, it's possible to maintain adherence to the smoke limit, which is enforced at sea
level and extended up to 18,000 feet, with trapped Air-Fuel Ratios ranging between 18 and 20. Figure 55(a)
shows how the operating conditions are shifting on the turbocharger compressor map, as altitude
increases. The operating conditions of the supercharger, Figure 55(b), are modified by altitude: as it
increases, pressure ratio increases, along with the machine efficiency.
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Figure 55: simulation at full load, high altitude, efficiency map for compressor (a) and supercharger (b)

Figure 56 illustrates the impact of altitude on brake power and BSFC. While the latter is only mildly affected,
peak power decreases with increasing altitude. For instance, at 12,000 feet, the GF56 can still deliver 325
HP at 2600 rpm, while at 18,000 feet, the peak power is 280 HP. The design objective of achieving 75% of
rated power at 18,000 feet, equivalent to 270 HP, has been met with a small margin.

Notably, the engine's efficiency at typical cruise speeds (2000-2200 rpm) consistently outperforms that at
peak power across all altitudes. This is a positive outcome since aircraft engines primarily operate in cruise
mode, making the overall range significantly dependent on efficiency in this condition rather than at
maximum power.
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Figure 56: simulation at full load, high altitude, brake power (a) and BSFC(b)
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5.2 Loop scavenged engine injection optimization

In this section, a new compact, lightweight, environmentally friendly, and efficient 2-Stroke Spark Ignition
hybrid engine is proposed. It features an innovative semi-direct fuel injection system that has been
optimized using CFD simulations. The reference for this design is the 850cc E-TEC 2-stroke DI engine
developed by BRP-Rotax for snowmobiles. This reference engine is known for its excellent power-to-weight
ratio (121 kW/42.2 kg) and its advanced solutions for scavenging and the combustion system [76].

The proposed ICE is expected to weigh less than 60 kg, deliver 110 kW at 6000 rpm, and maintain a low
Brake Specific Fuel Consumption of under 260 g/kWh under various operating conditions. One of the key
challenges with this type of engine is the loss of fresh charge at the exhaust due to the short circuit. To
address this issue, a specific injection system has been developed to maximize fuel trapping and ensure
proper charge stratification at the beginning of combustion [77].

5.2.1 Engine design: target and constrains

The engine's total displacement is determined by limitations on maximum BMEP and engine speed. A BMEP
of 10 bar ensures a balance between thermal and mechanical loads, while an engine speed of 6000 rpm
matches the requirements of the Electric Motor (EM) and propeller. To achieve a maximum brake power of
110 kW at 6000 rpm, the engine's total capacity must be at least 1.1 liters.

For the scavenging system, the crankcase pump is rejected due to emissions related to lubricant oil in the
exhaust. An external supercharger is chosen to push air into the cylinders. Since the maximum BMEP target
is relatively low, neither a turbocharger nor a charge air cooler is necessary. A commercial centrifugal
compressor, mechanically coupled to the engine through integrated reduction gears, is selected for its
compact size, low weight, and installation flexibility.

The choice of an in-line triple-cylinder configuration is considered ideal, providing a balance between
reducing unit displacement and achieving smooth instantaneous torque output. A loop scavenge system
with piston-controlled ports is preferred over a uniflow system to avoid a camshaft system and reduce
friction losses. A loop configuration offers more design flexibility for the combustion chamber and enhances
the tumble vortex, facilitating charge stratification and premixed combustion.

The bore-to-stroke ratio of this engine type is set close to 1, as higher values limit cylinder permeability,
while lower values increase overall dimensions and mean piston speed. Following the example of the Rotax
850 E-TEC engine, the bore and stroke are set at 82 and 80.4 mm, respectively.

In 2S engines, designing ports involves a balance between two competing requirements. On one hand, large
scavenge and exhaust ports are essential to minimize pumping losses and reduce cylinder peak pressures
and temperatures. On the other hand, enlarging these ports can weaken the cylinder liner excessively. The
recommended trade-off in best engineering practice is to maintain a ratio of port width to liner width
(approximately it times the bore) at about 0.8. Scavenge ports should occupy a portion of the cylinder liner
approximately three times larger than that of the exhaust ports. It is crucial to ensure that the width of
each port remains less than 20% of the liner width to prevent damage to the piston rings. [78,79].

The engine design includes five scavenge ports and one primary exhaust port, with an additional pair of
smaller exhaust ports, known as boosters, placed above the scavenge ports closest to the main exhaust.
The heights of these ports are critical for meeting performance goals, and they have been optimized
through 1D CFD simulations.

One of the key project constraints is that the charge temperature at the supercharger outlet should remain
below 70°C to avoid the need for a charge cooler.
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Regarding the exhaust system, various designs have been evaluated, with a focus on the main geometric
parameters of the exhaust pipes and the silencer. Several designs were compared, including:

a) Separated exhaust lines for each cylinder.

b) A log manifold with a single exhaust pipe fed by short ducts from each cylinder and a single
terminal pipe.

c) A 3-in-1 manifold with three equally long exhaust ducts joined to the terminal through a junction.

d) A log manifold with two terminals.

Option (a) provides maximum power at high speeds but is bulky and heavy. Option (b) is compact and
lightweight but may introduce some variations in delivered air among cylinders. Option (c) can minimize
differences among cylinders, provided each pipe is bent to have the same length as the others. Finally,
option (d) is seen as the best compromise, allowing for a compact and efficient exhaust system with good

uniformity among cylinders. The layout of the engine and its main characteristics are presented in Figure 57

and Table 17. The exhaust system includes also a silencer, not shown in the picture.

Table 17: proposed loop engine main characteristics

Bore x Stroke [mm] 82x80.4

Number of cylinders 3

Compression ratio 11.6:1

Total displacement [cm?] 1243

Total Dry weight [kg] 50

Lubrication System Forced, dry sump

Dimensions LxHxW [cm] 93x45x62

Air supply Mechanical Supercharger
Figure 57: CAD model of the proposed loop Powertrain (Rotrex C30-94), w/o
(ICE+EM) charge cooler

5.2.2 Scavenging process optimization

The first step of the project was the analysis of the design solutions adopted on the BRP-Rotax 850 cc E-TE
engine. A CFD-1D model of this engine was built by using GT-Power and calibrated against experiments, at

C

both full and partial loads [76]. Engine main characteristics are reported in Table 18, as it possible to see the

dimensions are similar to the proposed virtual engine.
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Table 18: BRP Rotax 850cc E-TEC engine main characteristics

Engine type 2-stroke, Sl, DI, crankcase
scavenging, reed valves

Bore x Stroke [mm] 82x80.4

Cylinders 2 in-line (180°)

Total displacement [cm?3] 849

Compression ratio 12.5:1

Rated power@8000rpm 121

[kw]

Max. bmep@7800rpm [bar] | 10.7

Figure 58(a) shows a comparison between simulation and experiments in terms of brake torque and power
at wide open throttle. Figure 58(b) offers an additional comparison, taking into account partial load
operations. It illustrates the alighment between the predicted and measured parameters, such as brake
power and specific fuel consumption, against the snowmobile speed. The agreement between the two sets
of data is notably satisfactory.
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Figure 58: Experimental calibration of the BRP Rotax 850cc CFD 1D model. WOT (a) and snowmobile speed (b)

The initial CFD-1D model of the aircraft engine was originally derived from the calibrated model of the
reference snowmobile unit. It served as the foundation for establishing the necessary boundary and initial
conditions for conducting a simplified 3D analysis of the scavenging process, excluding fuel injection. In this
analysis, the fresh charge was represented by 02, while Nitrogen (N2) was used to represent the exhaust
gas. The multidimensional simulation covered the time from the opening to the closing of the exhaust
ports.
An iterative approach was followed, which involved adjusting the initial pressure if the mass of the charge
trapped at the closing of the exhaust ports did not align with the cylinder conditions defined at the
beginning of the calculation.
The primary focus was on the operating condition corresponding to maximum brake power and maximum
engine speed (6000 rpm, full load). This condition is particularly critical for an aircraft engine as it allows for
minimal time for air-fuel mixing and involves the maximum injected fuel quantity.
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The results of the 3D simulations at maximum power were employed in three main ways:

e They provided in-depth insights into the flow patterns through the ports and within the cylinder,
highlighting strengths and weaknesses in the existing design. This information was instrumental in
addressing evident issues and enhancing the overall system.

e The scavenging process patterns observed in the 3D simulation were used to develop a precise zero-
dimensional model, which was incorporated into the CFD-1D engine model, thereby improving its
accuracy.

e Flow rates through the ports, as calculated by both the 3D and 1D simulations under identical
conditions, were compared. This comparison led to the correction of the discharge coefficients in
the 1D model to align with the 3D simulation results, enhancing the model's accuracy.

As an example of the optimization carried out on the cylinder ports, Figure 59 shows a geometric
comparison between the first configuration, named “base”, and the final one, referred to as “EVO”. As
visible, the volume of the manifold wrapped around the cylinder has been increased, in order to get a
smoother path between the inlet plenum and the set of scavenge ducts.

Figure 59: CAD model of the two configurations: base (a) and EVO (b)

Figure 60, illustrates trapping efficiency, charging efficiency, and scavenging efficiency as they relate to the
delivery ratio. Notably, the EVO configuration outperforms the base configuration, displaying higher
permeability, which results in an improved charging and scavenging efficiency. It also exhibits slightly better
retaining/trapping efficiency. This observation is further supported by analyzing the fraction of residual gas
in the exhaust flow concerning the fraction of residual gas within the cylinder.
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Figure 60: comparison between CFD 1D base and EVO model in term of scavenging efficiency parameters

Figure 61 shows a comparison between results of the calibrated GT-Power 1D model and those of the 3D
Forte model. Table 19 presents the same comparison, in terms of average quantities (delivery ratio, trapping
efficiency, charging efficiency, scavenging efficiency). The accuracy of the CFD-1D model is very satisfactory:
the maximum error is 2.9%, on the fraction of residual gas.
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Figure 61: Comparison between the results of the calibrated 1D model and the outputs of the 3D scavenging simulation in term of
mass flow rate

Table 19: Comparison between the results of the calibrated 1D model and the outputs of the 3D scavenging simulation in term of
main scavenging parameters

DR TE CE SE EGR%
CFD 3D | 0.787 0.750 0.591 0.850 0.150
CFD 1D | 0.791 0.739 0.585 0.846 0.154
Err [%] -0.5 1.5 1.0 0.5 -2.9

The calibrated CFD-1D engine model was used to configure the optimization of scavenge and exhaust port
timings, determine the transmission ratio between the engine and supercharger, and design the exhaust
system, which includes the silencer. Additionally, combustion was modelled similarly to the Rotax 850
engine, with identical burn rate curves specified using a Wiebe's function.
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5.2.3 Injection system development

For fuel injection system different solutions are taken into consideration. The most interesting alternatives
are:

1. High Pressure Direct Injection (HPDI): one injector installed on the cylinder head, close to the spark
plug, as on spray-guided 4S GDI engines;

2. Low Pressure Direct Injection (LPDI): two low-pressure injectors installed on the cylinder liner;

3. Low Pressure Semi-Direct Injection (LPSDI): one or two low-pressure injectors installed in the
scavenge ports, very close to the cylinder;

4. Port injection: one or two injectors installed in the scavenge manifold;
5. A combination of direct and semi-direct injection.
All these configurations have their pros and cons, the choice depends on the specific goals of the project.

HPDI yields the best fuel efficiency at low and medium speed, but it is expensive, heavy (because of the
high-pressure pump that must be driven by the engine), and it requires a careful setup in order to
guarantee a good performance at high speed, high load (it is difficult to achieve a proper composition of the
charge at the combustion onset while minimizing exhaust fuel losses)

LPDlI is a cost effective and compact solution, very efficient at high speed, high load, as demonstrated by
many researchers [80] [81]. The only drawback is the heating of the tip of the injectors, facing the cylinder
and exposed for a short time to the high temperatures of the combustion products.

A successful application of the LPDI concept has been implemented by the Institute for Internal Combustion
Engines and Thermodynamics, Graz University of Technology [82—84] for motorcycle engines characterized
by displacements ranging from 50 to 300 cm3. Such an injection system permits to strongly reduce fuel
short-circuit improving Brake Specific Consumption (BSFC) and power output, making 2-Stroke engines
competitive with modern 4-Stroke ones.

Low-Pressure Semi-Direct Injection offers several advantages over LPDI, including the prevention of injector
tip overheating. However, optimizing LPSDI is a complex task that requires the support of CFD-3D
simulations.

Conversely, standard Port Fuel Injection (PFI) offers a relatively simpler approach to implementing electronic
fuel injection in 2-stroke engines. However, it does pose the challenge of preventing fuel short-circuiting.
While current aircraft engine emissions remain unregulated, future regulations are anticipated, likely
mandating the use of a catalyst. In such a scenario, any fuel escaping into the exhaust must be avoided, as
the presence of 02 can ignite the escaped fuel and harm the catalyst.

A promising solution for the next generation of regulated 2-stroke aircraft engines combines High-Pressure
Direct Injection (HPDI) and Low-Pressure Scavenged Direct Injection (LPSDI). This system permits the
controlled introduction of fuel into the cylinder during the scavenging process, preventing any losses at the
exhaust. This fuel has ample time to mix with air and residual gas, resulting in a homogeneous, lean, and
diluted charge within the cylinder. The remaining fuel is injected at high pressure after the exhaust port
closes, creating a stratified charge with a rich zone near the spark plug.

Table 20 shows a qualitative comparison among all the injection system candidates, summing up the
previous considerations. Each solution has been rated by a mark, ranging from 1 to 4 (1: poor; 2: medium;
3: good; 4: excellent). In the initial comparison of all five solutions, LPSDI and LPDI received the highest rate
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after the splited injection in direct and indirect. Then, LPSDI was selected for the implementation of the
first engine prototype due to its higher rating.

Table 20: Qualitative comparison among different injection systems (Marks: 1: poor; 2: medium; 3: good; 4: excellent)

HPDI | LPDI | LPSDI | PFl | DIR+SEMI
Fuel trapping efficiency at WOT 4 3 3 1 4
capability to stratify the charge at high speed, WOT 3 2 2 1 4
capability to get homogeneous charge at high speed, WOT 2 3 3 4 4
Wall impingement risk 2 4 3 2 4
Injector tip thermal stress 4 1 3 4 3
AVERAGE VALUE 3 2.6 2.8 2.4 3.8

The optimization objectives for the injection system in a 2-stroke engine can be succinctly outlined as
follows:

Minimize fuel loss through the exhaust, setting a minimum target of 90% of trapped fuel.

Attain a suitable composition of the trapped charge at the end of the compression phase. The ideal
composition includes a slightly rich mixture around the spark plug and within the bulk of the combustion
chamber, alongside a slightly lean mixture elsewhere.

Ensure complete fuel vaporization before the commencement of combustion and mitigate the formation of
fuel puddles. It's important to note that only the development of an LPSDI system is discussed here. The
final layout, which incorporates two symmetric multi-hole injectors installed on the scavenge ports, is
presented in Figure 62. Each injector features 12 holes, with a diameter of 0.29mm and a cone angle of 20°.
The injection pressure may vary from 3 to 8 bar. Fuel is injected only during the opening of the scavenge
ports, for approximately 60 CAD, to prevent wall impingement. The injector orientation is fundamental:
fuel should be directed toward the cylinder head and the middle of cylinder, as far as possible from the
exhaust ports and from the liner walls. An angle of 20° for both the planes shown in Figure 62 was found to
be the best compromise between fluid-dynamic effectiveness and simplicity of installation.
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Figure 62: CFD-3D view of the semi-direct injectors

The CFD-3D simulation has been carried out between 90 CAD and 330 CAD aTDG, still considering the
operating condition of maximum power (6000 rpm, WOT).

The fundamental characteristics of the computational mesh are reported in Table 21. The grid was
generated by using the auto-mesh tool of Ansys Forte: the spatial domain is made up of cubic elements
with an average size of 2 mm, except in the refinement zones. The number of cells varies from a minimum
of 310,000 up to a maximum of 1,344,000 cells.

The intake region has been initialized with 02, the exhaust with carbon dioxide (CO2) and the cylinder with
N2. The injected fuel is iso-Octane (i-C8H18). These simplifications help the post-processing of results
without penalizing the accuracy of the scavenging analysis.
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Table 21: main features of Forte computational grid

Cell size | Refinement method Activation interval
Global Mesh 2 mm - -
Wall boundaries refinement 1 mm 1 layer Always active
Open boundaries refinement 1 mm 2 layer Always active
Wall boundaries port refinement 1 2 layer Always active
Booster-intake interface refinement | 0.25 mm 16 mm radius sphere btw 90-93 CAD aTDC
Booster-intake interface refinement | 0.25 mm 16 mm radius sphere btw 265-270 CAD aTDC
Evaporation refinement 0.5 mm | Gradient of fuel vapor mass fraction | btw 160-220 CAD aTDC
Velocity magnitude refinement 0.5 mm Gradient of velocity magnitude btw 118-220 CAD aTDC

Moreover, a sensitivity analysis has been carried out, varying the global mesh size from 1.5 mm to 3 mm. As visible in Table 22

Table 25, the influence of cell size on volumetric efficiency is absolutely negligible, while it is quite

important when considering the Tumble Ratio (TR-y). Confirming the User’s manual recommendations, the

best compromise between computational time and accuracy is found between 2 and 2.25 mm

Table 22: mesh sensitivity results

Global Mesh Size # Max cell Comp time | Mean TR- Mean TR-y Vol Vol eff

(mm) core num y %diff eff %diff

1.5 4 829489 21h37 -1.76 0.000 2.020 0.000
min E-03

1.75 4 581856 14 h 22 -1.63 7.503 2.016 0.200
min E-03

2 4 429487 10h 52 -1.83 -3.998 2.015 0.238
min E-03

2.25 4 324241 9 h 7 min -1.81 -2.832 2.023 -0.129
E-03

2.5 4 255662 7 h 13 min -1.94 10.069 2.016 0.187
E-03

2.75 4 207741 6 h 16 min -1.51 14.121 2.016 0.208
E-03

3 4 245275 5h 23 min -1.54 12.286 2.019 0.045
E-03
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The numerical sub-models selected for the simulation are reviewed in Table 23 and the boundary
conditions are derived from the CFD 1D engine model.

Table 23: Forte spray numerical models

Equation of state Ideal gas

Turbulence model RANS RNG k-epsilon

Droplet collision model Adaptive collision mesh model
Droplet size distribution Rosin-Rammler distribution
Spray brake up model KH-RT + unsteady gas jet model

The three cases analyzed in this paper are identified by the injection advance with respect to the transfer
port closing. For example, LPSDI-49 signifies that injection begins 49 CAD before the effective closure of the
scavenge port, precisely when the fuel jet starts to touch the piston.

Table 24 outlines the primary characteristics of the analyzed strategies. The total amount of injected fuel,
distributed evenly between the two injectors, remains constant at 27 mg, as does the fuel temperature at
330 K. The Duration of Injection (DOI) is 32.3° for the first two strategies, corresponding to an injection
pressure of 5 bar, and 25.5° for the last case at an injection pressure of 8 bar. Start of Injection (SOI) is
delayed by 15 CAD from the first to the second case and by a further 8 CAD from the second to the third,
with the aim of reducing fuel short-circuiting.

Table 25 provides a comparison of the results for the three strategies. It's important to note that a small
portion of the fuel injected into the cylinder is rejected into the intake manifold. In the subsequent cycle,
the fuel re-enters the cylinder, with only a fraction of it (10-20%) exiting. Therefore, the actual fuel trapping
efficiency is calculated considering two consecutive cycles. As SOl is further delayed, fuel trapping efficiency
increases. However, it's only with the injection pressure increased to 8 bar that the 90% threshold can be
surpassed (achieving 94%).

In order to assess the quality of the mixture at the combustion onset, the global value of the relative air-
fuel ratio is not sufficient. It is necessary to determine a value of Lambda weighted on the basis of the
volume of each region of the combustion chamber occupied by a homogeneous mixture. For this purpose,
a mean effective value of Lambda, A.sf , is considered, according to the following formula:

N v
A — &i=1%ivi
eff Z{V=1Vi

(1. 29)

A;, V; are the values of the relative air-fuel ratio and of the volume of each cell, N is the total number of
cells within the cylinder mesh at -30° aTDC.

The RMS variation ofAeff is also calculated throughout the combustion chamber, in order to assess the
non-homogeneity of the charge. The ratio of RMS to A ¢ should fall between 10 and 20%: on the one
hand, lower values implicate a weak stratification; on the other hand, higher values may result in a poor
combustion efficiency, due to the formation of unburned HC in the ultra-lean region.

Finally, the value of the relative air-fuel ratio within a sphere of diameter =10 mm, centered on the spark
plug, is calculated.

All the stratification parameters shown in Table 25, demonstrate that strategy LPSDI-26 is the most
effective one not only in terms of trapped fuel, but also in terms of quality of the air-fuel mixture.
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By adopting this configuration, we anticipate a high-speed laminar flame front at the beginning of
combustion, resulting in a rich mixture around the spark plug. This should lead to low cycle-by-cycle
variations. Additionally, the lean mixture at the chamber's periphery, combined with the chamber's
compact shape, allows for the adjustment of larger spark ignition advances, enhancing thermodynamic
efficiency while reducing the risk of knocking.

Finally, the distribution of Lambda for strategy LPSDI-26 is shown by the pictorial view of Figure 63 : the
results find a further confirmation. Other plots of Lambda, at different crank angles, can be found in
FigureA.2 in the Appendix.

Table 24: Semi-Direct injection setup, 3 different strategies

LPSDI-49 LPSDI-34 LPSDI-26
Inj mass [mg] 27
SOl [deg] 160 175 183
DOI [deg] 323 323 25.5
Mass flow rate [g/s] 15.05 15.15 19.06
AP [bar] 5 5 8
Fuel temperature 330
(K]
CA 330 deg
Spark plug

lambda
1.300e+00
1.200e+00

1.100e+00
1.000e+00 [
9.000e-01
8.000e-01

7.000e-01

Figure 63: Lambda distribution at 330 CAD, strategy LPSDI-26



Table 25: CFD-3D results of the Semi-Direct injection simulation, 3 different strategies

LPSDI-49 | LPSDI-34 | LPSDI-26
Trapped fuel mass into cylinder [mg/cyl/cycle] 21.71 20.95 23.76
Trapped fuel mass into intake volume [mg/cyl/cycle] 2.38 3.80 2.33
Apparent Trapping efficiency (1 cycle) 0.80 0.78 0.88
Actual Trapping efficiency (2 cycles) 0.87 0.88 0.94
Lambda (global) 1.12 1.11 1.04
Effective Lambda (A.fy) 1.04 1.01 0.97
RMS (Effective Lambda) 0.12 0.14 0.15
RMS/A 5 (%] 1166 | 13.59 | 15.17
Lambda at spark plug 0.95 0.90 0.85

5.2.4 Performance analysis

The primary design objective was to achieve the performance target of 110 kW at 6000 rpm while adhering
to specific constraints, notably the maximum air temperature within the intake manifold (70 °C) and the
maximum proportion of residual gas within the cylinder (20%). This objective was met through the
optimization of the scavenging process at maximum engine speed.

A crucial factor in this optimization is the timing of the "plugging" wave, which is the compression wave
arriving at the exhaust port just after the scavenge port closes. In this engine, equipped with a log exhaust
manifold, this wave is generated by the blowdown process occurring in the cylinder 120 CAD after the
current one. The plugging wave significantly enhances trapping efficiency and promotes uniform mixing
between the fresh charge and exhaust gas, preventing the formation of residual gas "pockets." For a more
detailed depiction of the complete scavenging process, along with these waves, please refer to Figure A.3 in
the Appendix.

Subsequently, CFD-1D simulations are employed to project engine performance at full load, covering the
range from 1500 rpm to 6000 rpm in 500 rpm increments.

Figure 64 provides insight into the instantaneous mass flow rates through the scavenge and exhaust ports in
the final engine configuration at maximum power. Notably, there is a noticeable backflow of exhaust at
scavenge port closing (240 CAD aTDC), underscoring the efficacy of the plugging wave.

Additionally, the introduction of fresh charge into the cylinder commences at approximately 45 CAD bBDC,
occurring once nearly half of the exhaust gas has exited the cylinder. This timing is of significance as it
impacts the work expended by the external compressor in sweeping the cylinder.
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With increasing engine speed, both the delivered and trapped air quantities grow, even though trapping
efficiency remains relatively low, averaging around 50%, with a peak value of 63% at 6000 rpm. Conversely,
the proportion of fresh charge remains consistently above 90% at medium-high speeds and never falls
below 82%.

Cylinder Mass Flow Rates -kg/s 4 ppScavenging Parameters

—

0.40
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Figure 64: cylinder instantaneous mass flow rates and related scavenging parameters
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Figure 65 illustrates the plots for Indicated and Brake Mean Effective Pressures (IMEP and BMEP,
respectively). The third curve in green represents the combined effect of Friction and Pumping Mean
Effective Pressure (FMEP and PMEP, respectively; in the context of a 2-stroke engine, PMEP refers to the
specific work required to drive the external compressor). Notably, the maximum BMEP value is slightly
below 9 bar, whereas the IMEP peak is just over 10 bar. These values are considerably lower than those
typically observed in naturally aspirated 4-stroke engines with a similar brake power. Moreover, friction
and pumping losses are also reduced.
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Figure 65: Brake, Indicated, Friction + Pumping Mean Effective pressures as a function of engine speed, at WOT

Figure 66 shows the curves of Indicated and Brake Thermal Efficiency (ITE and BTE, respectively). The
average value of BTE at medium-high speed is about 32%.
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Figure 66: Indicated and Brake Thermal Efficiencies as a function of engine speed, WOT

The remarkable thermal efficiencies can be elucidated by examining the graphs in Figure 67 . The
mechanical + pumping efficiency is calculated as BMEP/IMEP. Adiabatic efficiency denotes the ratio of the
effective heat available for the thermodynamic cycle to the heat released during combustion. Combustion
efficiency, on the other hand, is the ratio of the heat released by combustion to the energy associated with
the mass of injected fuel.

At medium to high speeds, both efficiency parameters surpass 85%, underscoring that in this 2-stroke
engine, pumping, friction, and heat losses are minimal, while the combustion process is more complete
compared to an equivalent 4-stroke engine. The primary drawback of the 2-stroke engine appears to be the
thermodynamic cycle, whose efficiency is constrained by the early and abrupt opening of the exhaust port,
interrupting the expansion stroke.
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Figure 67: Mechanical+Pumping efficiency, adiabatic and combustion efficiency as a function of engine speed, WOT

Figure 68 shows the trends of average pressure and temperature in the intake manifold, downstream of the
compressor. The supercharging ratio is kept quite low, in order to avoid the installation of a charge cooler.
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Figure 68: Average value of pressure and temperature in the intake manifold, as a function of engine speed, WOT

In Figure 69, the operating points at WOT are plotted on the compressor map. The chosen compressor and
the setup of the transmission ratio are the results of many compromises. On the one hand, a compressor
with a smaller swallowing capacity could provide higher internal efficiencies; on the other hand, a small
compressor must rev at higher speed, requiring a higher transmission ratio, thus a lower mechanical
efficiency.

From the map in Figure 69, it may be observed that the values of efficiency at high speed are over 50%, not
a bad result considering the low values of pressure ratio (using a positive displacement compressor the
efficiency is similar or worse)

250 Efficiency Map - Corrected Mass Flow

0.00

20.00
30.00
35.00
37.50
40.00
42.50
45.00
47.50
50.00
52.50
55.00
57.50
60.00
62.50
65.00
67.50
70.00

2.25¢

N
o
=]

Pressure Ratio
~
w

-
(<))
o

1.257

1.00
0.00 0.05 0.10 0.15 0.20 0.25 0.30 0.35 0.40
Corrected Mass Flow Rate [ka/s]

Figure 69: Compressor map with operating points at full load, WOT

Engine brake performance in terms of torque and power are presented in Figure 70. Engine brake
performance in terms of torque and power are presented in Figure 70. It should be considered that this
engine is coupled to an EM and to an aircraft propeller: for this application, low end torque has no
importance, since the engine is operated always at high speed (never below 4000 rpm), and in case of
emergency is supported by the EM.
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Finally, Figure 71 examines the BSFC and the average peak cylinder pressure. At high speeds, BSFC is quite
good, although not at the level of diesel engines. It's important to note that combustion parameters have
not been fully optimized yet. The relatively low values of average peak cylinder pressures (less than 60 bar)

suggest that there is still room for improving BTE.

266 BSFC (g/kWh) & AVG. PEAK CYLINDER PRESSURE

264

262

BSFC [g/kW-h]
NN N
a g O
(2] (=] o

[ye]
w
S

252

60

55

150

145

140

135

130

125

250
1500 2000 2500 3000 3500 4000 4500 5000 5500 60
Engine Speed [RPM]

Figure 71: Brake specific fuel consumption and average peak cylinder pressure, plotted as a function of engine speed, at WOT.
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5.3 Conclusions

In the aviation industry, the near future is expected to usher in stricter emissions regulations, even though
significant legislation in this regard is currently almost absent. Improving engine overall efficiency and fuel
consumption, along with exploring different fuel applications, has become almost mandatory. In this
chapter, two distinct aircraft applications of 2-stroke engines specifically designed for aviation purposes are
presented.

The first section introduces a 2-stroke, 6-cylinder Compression-Ignition (Cl) aircraft engine with a total
displacement of 5.6 litres. This engine can deliver up to 400 HP for a short duration at 2600 rpm and is
directly coupled to the propeller. Notably, it boasts a low Brake Specific Fuel Consumption (BSFC), expected
to be around 210-215 g/kWh during typical cruise conditions. Additionally, it features a peak cylinder
pressure of less than 100 bar along a typical propeller curve. This engine can be easily adapted to run on
alternative fuels like kerosene, making it suitable for military applications. The engine has been simulated
for both sea-level and high-altitude conditions, with optimizations in turbo-matching and compressor
operation to ensure it remains well below the choke limit.

The second section discusses a 2-stroke, 3-cylinder Spark Ignition (SI) aircraft engine with a displacement of
1.2 litres, rated at 110 kW @ 6000 rpm. This engine employs a parallel hybrid configuration, an external
centrifugal compressor, and an innovative semi-direct low-pressure fuel injection system. Notable numerical
results from CFD-1D simulations at full load include low average peak cylinder pressure (less than 60 bar),
low thermal loads (Brake Mean Effective Pressure, BMEP, less than 9 bar), and good Brake Thermal
Efficiency (BTE) of approximately 32% at high speed. The engine also achieves a low BSFC of less than 260
g/kWh at high-medium engine speed and a high scavenge efficiency of over 90% at medium-high speed.

Since it is a spark ignition engine running on gasoline, special attention has been given to the optimization
of the injection strategy. Two low-pressure injectors are positioned in the intake ports, facing the cylinder.
The optimized injection system exhibits a fuel trapping efficiency of 94% and an average lambda value of
0.97 at 30° before Top Dead Centre (bTDC).
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6 2-Stroke hydrogen solutions

As widely recognized, hydrogen (H2) produced from renewable sources, often referred to as green H2(green
H, [85,86]), has the capability to significantly reduce both CO2 emissions and pollutant emissions from
internal combustion engines[87]. Among these pollutants, the most challenging to address are NOx
emissions, which necessitate either expensive after-treatment systems or specialized combustion control
strategies.

H2 stands out as an appealing choice for Sl engines [88]. due to its high resistance to auto-ignition and
knocking, with a research octane number (RON) exceeding 130.

Nonetheless, the transformation of a conventional gasoline 4-stroke engine into a hydrogen-powered one is
a complex task, even without considering the associated challenges of on-board hydrogen storage [89]. One
initial issue is the reduction of volumetric efficiency caused by the larger volume occupied by hydrogen
when injected into the intake manifold or cylinder with open valves, resulting in an expected decrease of
around 30% compared to gasoline [90].

Notably, introducing hydrogen into the intake manifold when the intake valves are closed is not feasible due
to its broad flammability range, posing a higher risk of backfire. Conversely, DI of gaseous fuel into the
cylinder after IVC presents two main challenges: the design of the cylinder head, which must accommodate
a relatively large gas injector, and the increasing difficulty of forming a homogeneous air-fuel mixture before
ignition as engine speed rises, due to time constraints [91,92].

Another significant challenge is the laminar flame speed of hydrogen, which is nearly an order of magnitude
higher than that of standard gasoline under the same conditions. A recent experimental study [93] shows
that operating with equivalence ratios higher than 0.5 without encountering serious detonation issues is
difficult, potentially affecting engine-specific performance unless the airflow rate is substantially increased.

Additional challenges in implementing a hydrogen combustion system based on a conventional SI chamber
design include [94]:

1. The shorter "quenching" distance, compared to gasoline, leading to more complete combustion but also
higher heat losses and the potential for partial combustion of lubricant oil on the walls, resulting in
increased particulate matter, CO, and THC emissions.

2. Hydrogen's lower ignition energy, making it more susceptible to "hot spots" and unintended auto-
ignitions.

3. The higher auto-ignition temperature, which enhances resistance to detonation but can worsen cold
engine starts.

An optimal balance between BTE and NOx emissions is typically found when operating with equivalence
ratios (@) in the range of 0.35 to 0.40 [95]. Researchers [96,97] have developed turbocharged 4-stroke, 4-
cylinder, DI hydrogen engines that achieve near-zero NOx emissions (<20 ppm) while delivering excellent
BTE across a wide range of operating conditions through the exploration of the Miller cycle, ignition timing,
and injection strategies.

However, one challenge with 4-stroke hydrogen engines running on lean mixtures is the requirement for
very high volumetric efficiency values to meet performance targets. Supercharging may not be sufficient,
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especially for high-speed engines, and achieving high values of low-end torque and peak power
simultaneously without a complex and costly two-stage supercharging system is nearly impossible.

For small engines, adopting the double frequency of the 2-stroke cycle may offer a solution to retain the
aforementioned advantages without compromising steady and dynamic performance [98,99].

Liu et al [100] provide an extensive analysis on backfire occurrence depending on injection strategy in a DI
4-stroke engine. While on 4-strokes Hydrogen direct injection is generally adopted to improve volumetric
efficiency and to prevent backfire in the intake system ( [101] [102], [103] [104]), in the 2-stroke application
it is mandatory, in order to avoid the short circuit of fuel during the scavenge process.

This section discusses various unconventional 2-stroke engine solutions running on pure hydrogen,
including:

1. An opposed-piston engine designed for gen-set applications, involving a numerical study to evaluate its
potential, considering a single-cylinder electric generator capable of delivering a maximum power of 45 kW
at 3000 rpm.

2. A reverse loop scavenged engine equipped with poppet valves for both intake and exhaust ports,
designed for high-performance vehicles. A comprehensive comparison is made among three different
solutions and a reference 4-stroke engine.

3. A small LPDI loop scavenged engine tested to run on hydrogen and then optimized to enhance injection
trapping efficiency.
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6.1 Reverse loop with poppet valves hydrogen engine

Among the other 2-stroke designs, a very interesting concept appears to be the one characterized by loop
scavenging with intake and exhaust poppet valves, a solution already explored by Toyota in the ‘90s [105].
The main advantage of this solution is the minimum number of modifications required to build a prototype
starting from a correspondent 4-stroke engine. Only the cylinder head, including the ports and the valves
actuation system, must be designed from scratch, in order to optimize the scavenging process.

For this purpose, hydrogen should be injected when the valves are closing, or even better when they are
already closed.

The combustion pattern and the further comparison is made with a prototype 4-Stroke engine found on
literature [96,97]

The development of a 2-stroke hydrogen engine, starting from the basis of a 4-stroke turbocharged
prototype, is far from trivial. First of all, the turbocharger must be supported by a further compressor, in
order to start the engine and guarantee a positive pressure differential across the cylinder at any operating
condition. This compressor may be either mechanical (connected to the crankshaft) or driven by an electric
motor. The reason for choosing an electric supercharger instead of a mechanical one is the high flexibility of
engine control: the air flow rate delivered by the engine can be varied by modifying the compressor speed.
The electric drive of the compressor also enhances the engine response during transient operations. Finally,
on a hybrid powertrain, the energy recovered from vehicle braking can be used to drive the electric
supercharger, further improving the efficiency of the system.

A cheaper and more compact alternative to the two-stage systems is a single mechanical supercharger,
featuring a by-pass valve for load control. In terms of fuel efficiency, this solution is quite penalizing at full
load.

The size of the machines and their layout must be carefully chosen, in order to reach the performance
targets and to minimize fuel consumption. Due to the relatively low exhaust gas temperature, a Variable
Geometry Turbine (VGT) can be selected: this choice has the further advantages to improve the flexibility of
engine control and to reduce the turbine back-pressure at full load, high speed.

Another fundamental issue to be addressed in 2-strokes with poppet valves is the tendency to short circuit
during the scavenging process. Even if no fuel is lost, the work spent by the electric supercharger for
compressing the short-circuited charge penalizes the engine efficiency. This problem can be mitigated in
many ways: optimization of the intake ports geometry; optimization of the valves actuation law and
reduction of the overlapping period; tuned exhaust manifold and designing a shroud in between intake and
exhaust valves to orient the air entering the cylinder.

The proposed 2SH, engine is a 3-cylinder with intake and exhaust poppet valves, 0.9L, Direct Injection (Dl)
Spark Ignition (SI) supercharged unit, numerically optimized to meet both high performance targets (max.
specific power >80 kW/I, max. specific low-end torque: 200 Nm/I) and ultra-low emissions limits (NOx<20
ppm).

The CFD 1D engine was supported by CFD 3-D simulations, for the design of the scavenge system and for
providing fundamental information for the modelling of the in-cylinder processes, in particular scavenging
and fuel injection. Combustion was not investigated in depth, as the chosen combustion system is very similar
to the one typically implemented on 4-strokes (after the closure of the valves, during the compression stroke,
the geometry of the chamber is the almost the same, except for a few details). Therefore, burn rates have
been calculated by using a quasi-dimensional predictive model, embedded in GT-Power (SI-Turb),
experimentally calibrated on the 4SH, reference engine.
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6.1.1 Cylinder geometry optimization

The main characteristics of the optimized 2-stroke cylinder geometry are reported in Table 26, while Figure
72 shows the geometry of the valves and ports. Besides the valves timing, the most relevant differences from
a conventional 4-stroke can be summarized as follows:

e higher bore-to-stroke ratio (2.0 vs 1.0) for maximizing the dimensions of the valves and helping the
scavenging process;

o exhaust valves larger than the intake ones, for the peculiarities of the scavenging process in the 2-
stroke cycle;

e vertical orientation of the intake ports, for generating a reverse tumble within the cylinder and
limiting the mixing between fresh charge and residuals;

e valves masking: a shroud along a portion of the intake valves orients the fresh charge flowing through
the curtain toward the cylinder liner, in the attempt to reduce the short-circuit and promote the
intensity of the reverse tumble vortex;

e “smooth” path for the intake and exhaust flows, for limiting flow losses;

e “aggressive” valve actuation laws for maximizing permeability and reduce the parasitic work of the
supercharger.

Concerning the valve lift profiles, their design is directly driven by the mechanical constraints of the system
(maximum/minimum accelerations, maximum velocity); the only small advantage of the 2-stroke cycle
consists in the large distance between the valves and the piston, as scavenging occurs at BDC.

The space for the hydrogen injector can be easily between the intake valves and the liner, at least with the
proposed dimensions of the cylinder.

It may be noted that the proposed geometry is more similar to the old Toyota concept than to the modern
design developed by Ricardo for its “2-4 Sight” concept [106]. The reason for this choice is to comply with the
requirements of the project, which limit the overall dimensions of the cylinder head.

Figure 72: Optimized 2-Stroke engine ports
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Table 26: 2-stroke cylinder main parameters

Bore 91.4 mm

Stroke 45.7 mm
Conrod length 115 mm
Compression ratio 16:1
Displacement (per cylinder) 299.8 cm3
Intake valves seat diameter 2x29.5mm
Exhaust valves seat diameter 2x31.5mm
IVO-IVC 126-258 @0.2mm
EVO-EVC 85-244 @0.2mm
Max. Intake lift 9.6 mm

Max. Exhaust lift 11.4 mm

Max. engine speed 7000 RPM

The 3D CFD scavenge simulation was performed by using Fire-M by AVL. The simulated operating point is
WOT and maximum engine speed (7000 RPM). This condition is expected to be the most critical, due to the
minimum time available for the scavenging process.

The CFD-1D engine model (GT-Power) calculates the initial and boundary conditions for the 3D analysis, while
the latter provides fundamental information to calibrate the sub-models employed to represent the
scavenging process in the 1D simulation.

For each cycle, the simulation starts at 70° after firing TDC, when all the valves are closed, and it terminates
at -60° after TDC, before the beginning of combustion. The initial pressure within the cylinder is adjusted to
get a coherent value of trapped mass (the mass of exhaust gas at exhaust valve opening must be equal to the
mass of air entering the cylinder during the scavenging process, plus the mass of Hydrogen). It should be
noted that the employment of crank-based boundary conditions provided by a cfd-1d simulation allows the
designer to take into account the complexity of the whole engine layout, including the dynamic effects
occurring within the intake and exhaust manifolds even if only a small portion of the ports are considered in
the computation volume.

As the main goal of the numerical study is the characterization of the scavenging process, several
simplifications are made. First, Hydrogen injection is not considered; second, we supposed a homogenous
composition of the charge within the cylinder, at the beginning of the simulation; third, to facilitate the post-
processing analysis, exhaust gas within the cylinder is represented by pure N,, while the fresh charge entering
from the intake port is modelled as pure O..

The CFD-3D software allows the user to deactivate the parts of the volume that are not involved in the
simulation: in particular, the intake and exhaust ports are active only when their valves are open. The
computational grid, made up of poly elements, was built with the help of the automatic Fire-M mesher: the
average cell size is equal to 2 mm, refined at the walls with 2 layers of 0.2 mm each. Further refinements are
enforced in the curtain of the valves, where the average cell size is 0.5 mm (see Figure 73). The total number
of cells varies from 165,000 at TDC to about 1,634,000 at BDC. From Figure 73 is also possible to see a shroud
to perform a masking between the intake and the exhaust port, in order to reduce the short-circuit.
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Turbulence is modelled according to a RANS approach, selecting the k-zeta-f method embedded in FIRE.

Figure 73: Computational Grid at BDC

For the characterization of the scavenging process, the already introduced 2S efficiency parameters are
considered:

e Delivery Ratio, DR: mass of fresh charge flowed through the intake valves divided by a reference mass;

DR = Mint
mref
e Charging ratio, CR: mass of fresh charge retained into the cylinder, divided by a reference mass;
My
CR =
mref

e Trapping ratio, TR: mass of fresh charge retained into the cylinder, divided by the mass of fresh charge
flowed through the intake valves;

m
TR = tr

Mint
e Scavenging ratio, SR: mass of fresh charge retained into the cylinder, divided by the total mass into
the cylinder;
SR =
mcyl,tot
e Reference mass: product of the gas density in the intake ports and cylinder capacity (displacement);
Myer = Pint * Va

My

Figure 74 presents the trends of CR, TR and SR as a function of DR, while Figure 75 shows also the Tumble
Ratio. All the curves of Figure 74 clearly show that at the beginning of the scavenging process some short-
circuit occurs. The results from Figure 74 are compared with two different dotted lines that represent the
extreme conditions for the scavenging process: perfect mixing (PM) and perfect displacement (PD). These
lines serve as benchmarks to evaluate the performance of the observed data. This result was expected,
because the fresh charge enters the cylinder very close to the exhaust valves, and the valves masking cannot
completely avoid the problem. Furthermore, the geometry of the intake ports makes it very difficult to
generate a compact front of fresh charge that uniformly sweeps the cylinder. However, as the charge
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continues to enter the cylinder, the impact tends to reduce and the process becomes slightly better than a
perfect mixing.

A strong help to the improvement of trapping ratio comes from the exhaust backflow, generated by a
compression wave traveling toward the cylinder, due to the firing event in a neighbouring cylinder. Figure 76
shows the moment (200 cad aTDC) in which both intake and exhaust flows are directed toward to the cylinder.
The relatively homogeneous distribution of O, mass fraction, also depicted in Figure 76, confirms that the
scavenging process is closer to a Perfect Mixing than to a Perfect Displacement. A complete set of pictures,
from 90° to 240° after TDC by step of 10°, showing O, concentration and gas velocity vectors, is reported in
the Appendix, Figure A.4.
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Figure 74: CR (a), TR(b) and SR(c) plotted as a function of DR at 7000 rom, WOT

From Figure 75 and Appendix Figure A.4 it is also possible to assess the formation and development of the
Tumble vortex. The Tumble ratio reaches its maximum value (=1.22) just before the closure of the intake
valves, more or less at the arrival of compression wave at the exhaust port. It may be noted in Figure 76 that
the flow entering the cylinder from the exhaust side generates a counter-rotating vortex, that limits the
intensity of Tumble ratio, but it should be very effective to support the mixing between fuel ad fresh charge.
In general, from a qualitative point of view, turbulence appears to be higher than in a correspondent 4-stroke
engine.
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6.1.2 CFD 1D Combustion calibration

Since the injection of hydrogen and its combustion are not fully analysed by means of CFD 3D simulations,

the 1D numerical models have been experimentally calibrated, at least for the prediction of Hydrogen
combustion and the formation of NOx.

Reference was made to the work of Bao et al. [107,108], who developed a turbocharged 4-Stroke, 4-cylinder,
DI Hydrogen engine, finding near zero NOx emissions (<20 ppm) and excellent BTE values over a broad range
of operating conditions. The main characteristics of the investigated engine are listed in Table 27.

Table 27: Main Features of the 4Sreference engine

Engine Type DI-SI 4S Hydrogen

Cylinders 4 in-line

Bore x Stroke [mm)] 88x82

Compression ratio 13:1

N. of valves per cylinder 4

Exhaust valve opening [CAD bBDC] | 40

Intake valve opening [CAD bTDC] 4

Exhaust valve closing [CAD aTDC] 18

Intake valve closing [CAD bBDC] 20

Engine speed [RPM] 1000-3500

Air Metering Turbocharger with VGT +
Intercooler

First, a GT-Power model of the engine was built on the basis of the published data; the layout of the model is
visible in Figure 77.
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Figure 77: Layout of the 4S model engine

Bao et al. [107,108], experimentally demonstrated that the best trade-off between Brake Thermal Efficiency
(BTE) and NOx emissions can be found when operating with equivalence ratios (D) in the range between 0.35
and 0.40. They also investigated the impact of the Miller cycle, ignition timing, and injection law following
two approaches: “ultra-lean” combustion (A=2.8, ®=0.36) with standard spark timing and lean “delayed”
combustion (A=2.5, ©=0.40) with delayed spark timing.

“Delayed” combustion was found to be the best strategy to maximize brake performance outputs, while
keeping NOx<20ppm: the centre of the burn curve (CA50) typically falls at values of 15-20 CAD aTDC. This
setup provides a smooth and regular combustion without knock. Moreover, the maximum in-cylinder
temperature is comparable to that obtained with ultra-lean mixtures (0=0.36), resulting in low NOx formation
rates and minimal heat losses, without penalizing cycle-to-cycle variability. Finally, the enthalpy of the exhaust
gas entering the turbine is increased, compared to ultra-lean combustion, resulting in higher turbocharger
speed and higher airflow rates. This combination of high volumetric efficiency and high equivalence ratio
leads to improved engine brake outputs (torque and power), with a very slight penalization on BTE.

“Ultra-Lean” combustion allows to achieve the maximum values of BTE, while maintaining very low
concentrations of NOx. Since this strategy slightly reduces full load performance, it is more suitable at medium
and low loads.

The efficiency map of the compressor, including the operating points of the 4-stroke prototype calculated by

GT-Power at full load (solid red and green circles), is presented in Figure 78. The maximum flow rate of the
compressor (0.17 kg/s) is very high, when compared to the engine displacement (2.0 L) and the maximum
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engine speed (3500 rpm). These results suggest that 4SH2 engines require larger turbochargers than their
gasoline counterparts.

Efficiency Map
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Figure 78: Experimental efficiency map of the compressor installed on the reference 4S engine with corresponding operating points
(red=delayed, green=ultra-lean

)

The predictive combustion model was employed only after the calibration of the key performance parameters
(VE, BMEP, BTE) at full load. In the first round of simulations, combustion was modelled entering experimental
burn rate profiles; when experimental data was not available, the burn rate curves were extrapolated from
nearby operating conditions, with the support of empirical assumptions.

The subsequent step consisted in the integration and tuning into the engine model of a predictive combustion
model, embedded in the software (S| Turb). SI Turb [109] is a two-zone combustion model designed to
simulate turbulent flame propagation in a spark-ignited combustion process. The model assumes a spherical
propagation of the flame front within the actual combustion chamber geometry, while also accounting for
the wrinkling effect of turbulence on the flame front. The model considers several parameters, such as flame
front surface area, unburned gas density, turbulent and laminar flame speeds (TFS and LFS), and mass flow
rate of unburned mixture entrained in the flame front. For LFS, the model employs a specific correlation for
hydrogen that has been validated at approximately 2000 operating points, using detailed chemistry
simulations. A standard k-e model is employed to solve the turbulence kinetic energy (k) and its dissipation
rate (&) equations.

The calibration of the SI-Turb model for the 4S engine was limited to a set of three parameters (Flame Kernel
Growth Multiplier, Turbulent Flame Speed Multiplier, Taylor Length Scale Multiplier), whose numerical values
are shown in Figure 79: Delayed and Ultra lean combustion engine model calibration comparison

Table 28. The parameters remain constant as the operating conditions change.

Finally, the SI Turb combustion model was integrated with a NOx emissions model that uses the Extended
Zeldovich Mechanism (EZM). The EZM model was calibrated and validated by Gamma Technologies against
experimental data obtained from hydrogen combustion. In this study, a further calibration was performed by
adjusting a single multiplier (N2 Oxidation Activation Energy Multiplier), also reported in Figure 79: Delayed
and Ultra lean combustion engine model calibration comparison
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Table 28.

Figure 79 shows a final comparison between the experimental and the simulation results, considering both a
Delayed Combustion strategy (left column) and an Ultra Lean Combustion Strategy (right column)

The first row of pictures presents the comparison in terms of key performance parameters (VE, BMEP, BTE):
the agreement is very good, especially for the delayed combustion.

The second row of pictures shows the instantaneous values of in-cylinder pressure and Apparent Rate of Heat
Release for the following conditions:

BMEP=13.9 bar, 2500 RPM, A=2.5, ¢=0.40 (delayed combustion).
BMEP=12.8 bar, 2500 RPM, A=2.8, ¢=0.36 (Ultra-lean combustion).

Finally, the third row of pictures shows a comparison in terms of NOx concentration.
For all the parameters, the agreement is very satisfactory, keeping into account the limits of a quasi-

dimensional approach and the use of single set of calibration values.

The calibration model parameters used for the 4-Stroke reference engine will be used also in the 2-Stroke
model engine.
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Figure 79: Delayed and Ultra lean combustion engine model calibration comparison

Table 28:Setup of the predictive combustion model (main parameters which are not set as default)

Flow

Initial Tumble Ratio [-] 0.88
Initial Turbulent length scale [-] 1
Initial Normalized Turbulent Intensity [-] 0.1
Combustion

Initial Spark Size [mm] 1
Initial Laminar Flame Speed model Artificial Neural Networks trained on H2 experimental data
Flame Kernel Growth Multiplier 53
Turbulent Flame Speed Multiplier 0.53
Taylor Length Scale Multiplier 0.69
NOXx Emissions

N2 Oxidation Activation Energy Multiplier | 0.825

6.1.3 2-Stroke engine model layouts

The CFD-1D model of the 2Sengine is based on the calibrated model of the 4S reference engine, with delayed
combustion. The changes, described below, are strictly limited to the specific requirements of the 2-stroke
cycle. Therefore, no modification is made to the predictive combustion model and to the heat transfer
parameters.

In order to achieve a maximum brake power comparable to the 4Sprototype (73 kW), a 3-cylinder in-line
layout is chosen. Therefore, the total displacement of the engine is 899 cc. The maximum speed is set at 7000
rpm, corresponding to a maximum mean piston speed of 10.7 m/s: in comparison to the 4-Stroke engine, this
parameter is very close if consider 3500RPM maximum speed (vp=9.6 m/s). For a more straightforward
comparison with the reference 4-Stroke engine, a reduction gear of 2:1 is considered: therefore, the
maximum output speed of the 2-stroke engine is identical to the speed of the 4-stroke at maximum power
(3500 rpm). The output torque is calculated considering a mechanical efficiency of the gear reduction equal
to 0.98.

The dimensions of the pipes are scaled in order to obtain identical flow losses at peak power conditions.
Moreover, a supercharger and a further charge cooler is included in the intake system.

115



Concerning the mechanical losses, it is supposed that friction mean effective pressures in the 2-stroke engine
are halved, due to the double cycle frequency. Considering the same geometry of the engine, the above
hypothesis implies that the mechanical losses at each revolution of the crankshaft are the same.

The CFD-1D optimization of the virtual 2S engine is mainly focused on the gas exchange process. Three
different supercharging systems are considered and depicted Figure 80:

1. Two-stage, with a variable geometry turbocharger supported by an electric supercharger, two charge
coolers (one after each compressor) (named 2S_VGT+eSC)

2. Two-stage, with a variable geometry turbocharger supported by a mechanical supercharger, two
charge coolers (one after each compressor); electronic by-pass valve on the supercharger (named

25_VGT+SC)
3. Single stage, mechanical supercharger, with electronic by-pass valve, one charge cooler (named 2S_
5C)
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Figure 80: 2-Stroke model engines layout: two-stage electric supercharger (middle), two-stage mechanical supercharger (top), single
stage (bottom).

The first solution allows a flexible and efficient control of the engine, the third is much less expensive and
more compact. The second one is a sort of compromise.

As far as the electric supercharger is concerned, it is supposed that the energy required to drive the machine
is taken from the engine crankshaft, with an efficiency equivalent to that of the mechanical transmission. This
simplification is motivated by the empirical consideration that a part of the electric energy is free of charge
(recovered during vehicle braking), but the remaining part is subtracted to the engine crankshaft at a relatively
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low efficiency, due to the multiple steps in the energy transfer (from engine to the electric motor of the

supercharger, passing through the electric generator, the inverter, the battery, ...). A more accurate estimation
of this aspect is outside the scope of the current work.

Without the energy recovery provided by the turbine, the fuel efficiency of the mechanical supercharging

system is expected to drop at full load. However, the differences in terms of BTE should be more limited at
partial load.

The choice of the components of the supercharging system was aimed to achieve high efficiency operations

at medium-high engine speed, full load, where the gas exchange process has the stronger impact on fuel
consumption.

For the single stage system, the map of the selected mechanical supercharger is presented in Figure 81.

For the 2-stage systems, the map of the turbocharger compressor is shown in Figure 82, while the map of the

supercharger is presented in Figure 83. In order to reduce the number of variables, the same supercharger is
adopted for both electric and mechanical drive.

Figure 84 finally reports some characteristic curves of the VG Turbine, at different rack positions.
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Figure 81: performance map of the mechanical supercharger employed in the single stage system

117



Efficiency Map - Corrected Mass Flow
34685 ~¥-53605 -8-72524 ~=-91443 -+-110363 e~ 129262 - 145202 - 167121 186040

4.500

4.000

3.500 -

e
o
=3
=}
T

Pressure Ratio

2.500 - 62.50

65.00

2.000 -

1.500 [~

1.000 >
000 002 004 0.06 008 0.10 0.12 0.14 0.16 0.18 020 0.22

Corrected Mass Flow Rate [kg/s]

Figure 82: compressor map of the turbocharger, employed in the two-stage system
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Figure 83: electric supercharger map, employed in the two-stage system
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For the single stage configuration, the three most important optimization parameters are: 1) the transmission
ratio between supercharger and engine; 2) the effective area of the supercharger by-pass; 3) the effective
area of the back-pressure valve, installed in the exhaust system. While the first parameter is constant, the
others are calibrated for each operating condition. It should be noted that the by-pass valve has the same
function of the throttle valve in a conventional 4S engine: as the by-pass valve opens, the mass flow rate
delivered to the engine decreases, and vice versa.

This type of control is also quite effective in transient conditions, for two main reasons: first, at partial load,
pressure in the intake manifold never goes below the atmospheric value, since it must be always higher than
the average exhaust pressure; second, as soon as the by-pass is closed, the supercharger can immediately
deliver to the engine the whole volume of air corresponding to its displacement.

When considering the 2-stage system, with the electric supercharger, the by-pass valve and the back-pressure
valve are not strictly required, as load can be simply controlled by varying the speed of the supercharger. This
parameter is fundamental also for optimizing the full load performance, along with the position of the turbine
rack.

For each 2S configuration, the valve lift profiles have been also optimized considering the adoption of a
Variable Valve Timing (VVT) device for both Intake and Exhaust. As the scavenging process occurs at BDC, the
only constraint considered in the study is the maximum variation range of the phase (30°).

6.1.4 Results and comparison

This section presents a comparison among the reference 4-stroke engine (referred to as “4S-Testcase”) and
the three configurations of the 2-Stroke engine (referred to as “2S_SC”, “2S_VGT+SC” and “2S_VGT+eSC”,
respectively), at both full and partial load.

All the configurations are calibrated to have NOx emissions lower than 20 ppm; as a further constraint, the
peak cylinder pressure is set at 150 bar for the 2-stroke engines.

Figure 85 presents a comparison at full load, in terms of specific torque and power (the output brake torque
or power is divided by the total displacement). As expected, the 2-stroke cycle strongly improves
performances, in particular when associated to a 2-stage supercharging system: the specific low-end torque
(at 1500-2000 rpm) is more than doubled (from 70 to 160 Nm/I), while the advantage in terms of maximum
specific power is even higher. Even for the compact supercharged version (25_SC), the specific torque curve
is flatter and higher than the 4S-Testcase; the maximum specific power is 83 kW/I, vs. 38 kW/I.
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Figure 85: Specific brake torque (top) and power (bottom) at full load.
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Figure 86 shows the setting of the supercharging systems, for each configuration, considering the volumetric
efficiency and the average pressure in the intake manifold. In comparison to the reference 4-S, all the 2-S
engines require a higher amount of air at medium low engine speed (<2500 rpm), due to the fresh charge
escaping the exhaust during the scavenging process. Consequently, also boost pressure is higher at these
conditions.

At high speed (>2500 rpm), the engines behavior changes. In the turbocharged 2-strokes, trapping efficiency
improves significantly (see Figure 86 ), reducing the air requirement.
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Figure 86: Trapped volumetric efficiency (top) and boost pressure (bottom) at full load.

However, boost pressure remains about constant, in order to compensate the rapidly increasing exhaust
backpressure generated by the turbine. The last effect cannot be found for the configuration 2S_SC, without
the turbine; in this case boost pressure monotonically increases, as engine speed (and, as a consequence,
pressure losses across the cylinders) increase. As far as the 4-S engine is concerned, the results should be
interpreted at the light of the adoption of an early intake valve closing strategy, aimed at the implementation
of the Miller cycle. Therefore, the achievement of high volumetric efficiencies can be obtained only by rising
boost pressure.

Two fundamental parameters for the 2S engines are the trapping efficiency and the fraction of residual gas at
the beginning of the cycle, both presented in Figure 87. As already observed in the CFD-3D analysis, the
scavenging process with valves is less effective than other solutions, especially in presence of high values of
volumetric efficiency. In particular, it is very difficult to find a good trade-off between high trapping efficiency
and low residual fraction. At full load, for the 2S configuration with the mechanical supercharger, a significant
amount of fresh charge is lost at the exhaust, especially at low engine speed. However, supposing a proper
calibration of the fuel injection system, the lost charge does not contain fuel, so that the poor values of
trapping efficiencies are not affecting the thermal efficiency. Moreover, the low fraction of residual gas helps
the regularity of the combustion process.

Both the 2-stage supercharging systems allow a more flexible control of the scavenging process: in this case,
the calibration was aimed to maximize performance, so that trapping efficiencies are significantly higher than
in the mechanical supercharger version. On the other hand, the amount of residual gas is much higher.
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Figure 87: Trapping efficiency (top) and fraction of residual gas (bottom) at full load, for the 2-stroke engines

Figure 88 compares the brake efficiency (BTE) of all the configurations, at full load. The 4S engine shows a
slight advantage in comparison to the turbocharged 2-strokes. The gap is much wider when the supercharged
version is considered, in particular at high-medium engine speed. The penalization is directly related to the
power adsorbed by the supercharger: the higher the contribution to boost pressure provided by the
supercharger, the lower the efficiency of the system.
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Figure 88: BTE at full load

Finally, a comparison is made in terms of BTE at partial load (Figure 89). It is supposed that all the engines are
installed on the same car and the most representative operating conditions are defined by a grid of 12 points:
engine speed: 1500, 2000, 2500 rpm; brake torque: 50, 100, 150, 180 Nm. For the 2S engines, each operating
point has been calibrated, considering all the constraints, with particular attention to the concentration of
NOx emissions (<20 ppm). For the reference 4S engine, the values of BTE at medium load (150 and 180 Nm)

correspond to the experimental ones; for the low load points (50 and 100 Nm), the values have been
calculated by using the calibrated CFD-1D model.

Figure 89 shows that at partial load the differences in terms of thermal efficiency are strongly reduced: the
maximum variation is found at 180 Nm, between Testcase 4S and 2S_SC (about 15%)

At low loads (50 and 100 Nm), the most efficient configuration is 2S_VGT+eSC, while the reference 4S engine
provides the best BTE at medium loads (150 and 180 Nm). The reason of this outcome is that this 25
configuration minimizes the relative weight of friction losses at low load, thanks to the small engine

displacement (downsizing effect); however, as load increases, the 2S is penalized by the increasing power
adsorbed by the supercharger.
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It is interesting to notice that the electric supercharger provides a very small efficiency improvement (<5%),
compared to the VGT version, with the mechanical supercharger. Furthermore, this small advantage is limited
only to low loads (50 and 100 Nm). This outcome demonstrates that the use of the by-pass on the
supercharger permits a quite efficient control of the load, even if it cannot completely cancel the losses
associated to the supercharger at low loads.
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6.2 Opposed piston hydrogen engine

An alternative path for the development of a H2 engine is represented by the 2-stroke (2S) cycle, and in
particular, by the opposed piston (OP) design. This specific configuration with two pistons facing each other
is far from a novelty, having been introduced at the end of the 19°30s on aircraft. Most of the existing OP
engines work with compression ignition, but Spark ignition and direct fuel injection can be implemented
quite easily [110,111]. The potential advantages provided by 2S OP engines, compared to 4-Strokes, are
listed below [112-114]:

Double Cycle Frequency: The engine's double cycle frequency allows for meeting performance targets
with a smaller displacement (downsizing), lower speed (down-speeding), or a lower value of BMEP
(downrating).

Reduced Heat Losses: OP engines have reduced heat losses due to the smaller surface area of the
combustion chamber, which is defined by the two piston crowns and the portion of the liner between
them, eliminating the need for a cylinder head.

Lower Mechanical Losses: The absence of valves in OP engines reduces mechanical losses. Engine
airflow is regulated by two sets of ports, which open or close based on the motion of the two pistons.
High In-Cylinder Turbulence: OP engines generally exhibit very high in-cylinder turbulence. This
enhances the air-fuel mixing process and accelerates combustion.

Improved BTE: The combination of the above-mentioned advantages leads to improved BTE, making
OP engines more efficient.

Lower Production Cost: When targeting the same performance goals, OP engines tend to have a lower
production cost. This is due to the reduced number of components and lower thermal and
mechanical stresses in the design.

The main issues to be addressed in the development of an OP H2 engine can be summarized as follows:

Optimal Hydrogen Injection Timing: To prevent hydrogen short-circuiting during the scavenge
process, it's essential to inject hydrogen into the cylinder as late as possible, ideally when the exhaust
ports are already closed. However, this can be challenging, especially at high engine speeds, due to
the limited time available for air-fuel mixing.

Minimizing Lubricant Oil Combustion: There is a concern about the combustion of lubricant oil, which
can generate CO2 emissions. To mitigate this issue, it's necessary to limit blow-by between the
cylinder and the two crankcases. A well-designed liner-piston assembly can help achieve this goal,
reducing oil consumption and emissions. Proper piston ring design and material selection can also
play a significant role in minimizing oil consumption and combustion.

ICE, such as the Opposed-Piston engine, and Fuel Cells (FC) represent two competing technologies for
hydrogen-powered vehicles. Each has its advantages and challenges:

Advantages of Internal Combustion Engines (2S5 OP):

Lower Complexity and Cost: 2S OP engines are typically less complex and have cost advantages over
fuel cells, making them more accessible in terms of production and maintenance.

Lower Hydrogen Purity Requirements: 2S OP engines can operate with hydrogen at purity levels of
98% to 99%, which can be more cost-effective and easier to produce and distribute.

Challenges of Internal Combustion Engines (2S5 OP):

123



e Efficiency: To remain a practical alternative to fuel cells, 2S OP engines need to match or come close
to the efficiency of fuel cells. While fuel cells have high peak efficiency (around 60%), ICEs typically
have lower efficiency, and optimizing them for better efficiency can be a significant challenge.

e Emissions: Achieving low or zero emissions is essential for internal combustion engines to compete
with fuel cells, especially in terms of environmental regulations and concerns.

e Hydrogen Combustion: The combustion of hydrogen can lead to issues like pre-ignition and high
nitrogen oxide (NOx) emissions, which must be addressed in 2S OP engines.

While 2S OP engines have cost advantages and can operate with slightly impure hydrogen, they will need to
make significant strides in terms of efficiency, emissions, and reliability to remain competitive with fuel cell
technology in the rapidly evolving field of hydrogen-powered vehicles. The choice between these
technologies will depend on various factors, including cost, efficiency, emissions, and regulatory
requirements.

Measures indicate [115] that the average efficiency of the fuel cell stack is below 50%, and the fuel cell system
efficiency drops below 40% at high loads due to the parasitic losses associated to the air compressor and
other system accessories. Therefore, 2S OP H2 engines may be particularly well suited for commercial vehicles
operating at high load. Other fields of interest may be stationary power generation, off road vehicles, boats,
industrial machinery, et cetera.

The project is focused on a relatively simple application, i.e. a single cylinder electric generator delivering a
maximum power of 45 kW at 3000 rpm. the study is mainly carried out by means of CFD 1D simulations for
the whole layout definition and optimization. Particular care is devoted to the combustion process:

Firstly it is implemented a SI-Turb predictive model derived from the previous study, then the calibration
parameters are slightly adjusted in order to represent a CFD 3D combustion process on a preliminary version
of the same OP engine.

For the modelling of the scavenge process, reference is made to a previous CFD-3D study, carried out on an
almost identical cylinder design [116].

6.2.1 1D-CFD engine model

A GT-Power model of the new OP 2S H2 engine was built, including the calibrated SI-Turb combustion model.
The geometric characteristics of the engine are listed in Table 29, while the whole layout from the air intake
inlet to the exhaust system outlet is illustrated in Figure 90.

It's important to highlight that the engine's load is regulated through the use of a by-pass valve, which is
integrated into the supercharger. This valve effectively takes on the role typically performed by the
conventional throttle body found in 4-stroke engines. Additionally, a backpressure valve is employed to
provide an extra level of control over the flow through the cylinder. These components play a critical role in
governing the engine's performance and optimizing its operation.
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Table 29: Main Features of the Opposed piston model engine.

Engine Geometry

Bore [mm] 84.5

Stroke [mm)] 109.5

Con. rod length [mm] 223
Total Displacement [L] 1.2
Cylinder | Pistons [#] 1]2

Scavenge Design

TPO [CAD bBDC] 44
TPC [CAD aBDC] 44
EPO [CAD bBDC] 60
EPC [CAD aBDC] 60
Height Transfer Ports [mm] 12
Height Exhaust Ports [mm] 22

To precisely manage the internal cylinder composition, a dedicated controller has been developed for the
hydrogen and water injectors. This advanced controller was deemed necessary due to the limitations of the

standard controller, particularly when striving to achieve the desired composition, especially when the

trapping ratio deviates from unity.
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Figure 90: One-Dimensional model of the OP2S in the Gamma Technologies INC. environment
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11. Back-pressure valve

The cylinder geometry, including the design of scavenge and exhaust ports and manifolds, was optimized in
a previous numerical study of the authors, fully described in [116]. The flow field within the cylinder during
the scavenge process (when the exhaust ports are open) was calculated on an almost identical geometry by

using a customized version of the KIVA-3V code.

A typical representation of the scavenging process characteristics is provided in Figure 91 which illustrates six
different operating conditions. Each operating condition is defined by the engine speed and the setup of
boundary conditions across the cylinder. The curves in the graph depict the amount of residual gases in the
exhaust with respect to the quantity of residuals within the cylinder. The scavenging process begins at the
top-right point of the graph and progresses to the left as the residual gases exit the cylinder. Figure 91
demonstrates that engine speed and the setup of boundary conditions have a minimal effect on the shape of
the characteristic curves. Therefore, a single interpolation curve can effectively represent all these cases. It
also reveals that for nearly the entire scavenging process, only residuals exit the cylinder, and no fresh air is

lost.

Characteristic curves

==1200setup A
——1200 setup B
==2200 rpm setup A

==2200 rpm setup B

==3200 rpm setup A
== 3200 rpm setup B
-=-INTERPOLATION

Residuals in the Exhaust Flow - %
2

(=1

(f
i
'
]
I
1
!
i
]
I
I
i
1
'
i
'
i
I
'
I
I
1
]
0

10 20 3 40 S0 60 70 8 90 100
Residuals into the Cylinder - %

Figure 91: Scavenging characteristic curves calculated in a previous 3-D CFD study

The simulation of the scavenging process performed by KIVA-3V is used in the current study for the setup of
the discharge coefficients of the ports and for the definition of the scavenging sub-model required by GT-
Power. Moreover, the flow field at exhaust port closing is the starting point of the detailed combustion

analysis, that will be presented in the next section.

6.2.2 3D-CFD Combustion Analysis

The combustion process in the OP H2 engine, whose main features are given in Table 29, is numerically
investigated by means of the CONVERGE tool [117].

The primary purpose of this 3D-CFD analysis is to assist in calibrating the SI-Turb model, offering a more direct
comparison for the new combustion process within the actual engine geometry. While the results of the
combustion analysis may carry some degree of uncertainty without experimental data, they do provide a solid

physical foundation for the calibration of a quasi-dimensional combustion model. Simulations are carried out
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from Exhaust Port Closing (EPC) to Exhaust Port Opening (EPO), considering a homogeneous composition of
the charge. Therefore, the modelling of intake and exhaust manifolds is not required. The computational grid
of the cylinder after exhaust port closure is shown in Figure 92. On the basis of the previous CFD-3D
simulations, a swirl ratio of 3 is set to initialize the in-cylinder flow field. The burnt gas fraction is set at 7.36
mass%.

Table 30: Main models employed in the 3D-CFD analysis

Equation of state Redlich-Kwong
Turbulence model RANS RNG k—¢€
Wall heat transfer model O’Rourke and Amsden
Near wall treatment Standard wall function
Combustion model SAGE detailed chemistry
solver + adaptive zoning
Reaction mechanism 13 species and 25
NOx model Thermal (Extended
= Zeldovich) + Prompt
Figure 92: Opposed Piston CAD geometry used for CFD 3D
simulations

Converge adopts the SAGE detailed chemistry solver, in conjunction with a multi-zone model, which reduces
the computational effort without any penalization on the accuracy of the results. A chemical mechanism
composed by 13 species and 25 reactions is used. As far as NOx emissions modelling is concerned, both
Thermal (Extended Zeldovich) and Prompt models are employed.

Finally, the well-established RNG k — € turbulence model with wall-functions is used. Table 30 reviews the
main models used in the 3D-CFD combustion analysis.

Based on the Base Grid Size (BGS) analysis performed in the previous simulations, a BGS of 1 mm is used,
coupled with an Adaptive Mesh Refinement (AMR) on velocity field that produces a maximum mesh
refinement of 0.5 mm. A second AMR, based on spatial gradients in temperature, is applied from SOI to end
of simulation (i.e., EPO), with maximum mesh refinement of 0.5 mm.

Furthermore, specific mesh refinements are applied to the pistons and cylinder liner boundaries, where two-
cell layers with a size of 0.5 mm are applied. Finally, two concentric sphere refinements, centred between the
spark electrodes, are used to accurately capture the first stages of combustion, when the flame kernel is
formed. In detail, the first sphere refinement consists in a spherical region with a radius of 4 mm and a cell
size of 0.25 mm, while the second sphere refinement is characterized by radius of 2 mm and a cell size of
0.125 mm.

The setup of the engine parameters for combustion simulation is summarized in Table 31. As it can be noticed,
the value of lambda (2.38) is similar to the one used on the 4S H2 engine presented in the previous section.
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Figure 93: In-Cylinder pressure and AHRR predicted by the flaniti c C
CFD-3D Opposed piston simulation Start of Ignition [*CA ATDC] 15

Figure 93 displays the in-cylinder pressure and AHRR as predicted by the 3D-CFD model. Even though the SOI
is set at -15 CAD after TDC, combustion primarily occurs during the expansion stroke. However, the Peak
Pressure Rise Rate is low (1.74 bar/CAD) due to the rapid increase in cylinder volume. This, combined with
the very lean H2-air mixture, results in extremely low NOx emissions, specifically 11 ppm. These findings
underscore the effectiveness of lean and delayed combustion in OP engine technology, which not only yields
ultra-low NOx emissions but also excellent combustion efficiencies (nc = 100%).

6.2.3 S|-Turb Calibration Analysis

The SI-Turb model calibrated for the 4S engine requires some modifications, in order to match the CFD-3D
results on the OP engine. The new values of the multipliers are presented in Table 32. It is interesting to
observe that with the new calibration the model parameters are close to the default values, demonstrating
the physical soundness of the predictive combustion model.

After this calibration, the agreement between 1D and 3D results is quite perfect, also in terms of NOx
emissions, as shown in Figure 94.
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Figure 94: OP in cylinder pressure, AHRR (a) and in cylinder temperature (b) comparison 1D-3D

128



Table 32: SI-Turb (combustion and NOx model) new setup for OP 2-Stroke engine.

Flame Kernel Growth Multiplier 1
Turbulent Flame Speed Multiplier 1.75
Taylor Length Scale Multiplier 3
N2 Oxidation Activation Energy Multiplier 0.99

6.2.4 Hydrogen Opposed-Piston Engine Optimization

The numerical optimization process in this study aims to maximize BTE while adhering to the constraints
outlined in Table 33. The optimization process is conducted iteratively and involves several key steps:

e Selection of the supercharger and determination of the transmission ratio between the engine and
Compressor.

e Optimization of the timing for the exhaust and scavenge ports, as well as the design of the manifold
geometry.

e (Calibration of the primary combustion parameters, including Spark Timing, Water-Fuel Ratio (WFR),
Water Injection Timing, Air-Fuel Ratio (AFR), Hydrogen Injection Timing, and Compression Ratio.

e Optimization of the exhaust system's geometry, including the control of the backpressure valve.

Iterations continue until the optimized parameters reach a stable state with no further changes. It's worth
noting that water injection in this project primarily serves the purpose of reducing NOx emissions rather than
controlling knocking.

Table 33: OP2S Optimization constraints.

Lambda range (2.4 -2.8)

Trapping Ratio [%] >90
Maximum cylinder pressure [bar] <150

PPRR [bar/CAD] <6

Minimum power output [kW] 30
bsNOx emission [g/kWh] <0.25

EGR at combustion start [%] <15

Burn Duration 10-90 [CAD] <50
(Maximum Water Flow Rate / Maximum Hydrogen Flow Rate) [-] <1.25

The performances of the optimized OP 1.2 L H2 engine have been calculated at both full and partial loads.
Brake Torque, Power and Thermal Efficiency at full load, are presented in Figure 95, along with Trapping
Efficiency.

129



\ o j=]
Ig r g — ] n
./'/'\.\{‘.____.____.1
C \\___.,__.- [BTE target] o S
........................ PSP IPIRIIRRT e

" g o._--o/.#— T = “
S wm | = o —~—® T3 g
S ._...--/ —— S X|= zZ
2 * l: S+ - eh l "y
8T | 8l~¥ >~ 12T 28
3 = B 1 ~ & = =3
2 32 s g|= 8
M = =

g L -oBrake Power
Py -#Brake Torque g 2
+BTE
TR
< . . : i "‘! o
o~ =
1000 1500 2000 2500 3000
Engine Speed [RPM]

Figure 95:Main results for the optimized OP engine, in terms of Trapping Ratio, BTE, Torque and Power

The OP engine presents a quite flat torque curve, with a peak of about 170 Nm (BMEP=8.9 bar) at 2000 rpm.

The good quality of the scavenge system optimization is evidenced by the high values of trapping ratio (always
higher than 90%).

The power density (37 kW/|, comparable to the reference 4-S engine) is satisfactory, considering the simplicity
of the supercharging system and the low maximum engine speed. The most outstanding result is the value
BTE, always higher than 45% and with a peak of about 50%.

Figure 96 Figure 97 shows the maps of BTE and specific NOx calculated for all the operating conditions of the
engine, in terms of load and speed. The control strategy at partial loads can be described as follows.

e Starting from full load, as load decreases the equivalence ratio can be reduced, up to the combustion
stability limit (¢=0.36, A=2.8).

e Forlower loads, the by-pass valve on the supercharger should open, in order to reduce the mass flow
rate entering the cylinder.

e  Water injection is suppressed for Load<50%, due to the already low values of NOx.

The BTE map of Figure 96 shows how the efficiency of the engine remains very high over a wide range of
operating conditions. This outcome is fully coherent with the experimental results presented by Achates
Power for the OP Diesel Engine [118].

Also, the values of specific NOx (Figure 97) are low (never over 0.25 g/kWh), confirming that the engine can
be used also in applications where operating conditions change widely, as on a vehicle.
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Figure 96: BTE calculated for all the operating conditions of the engine, in terms of load and speed.
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Figure 97: Specific NOx calculated for all the operating conditions of the engine, in terms of load and speed.
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6.3 Small Loop hydrogen engine — injection characterization

Small loop-scavenged engines, such as 50cc scooter engines, are designed for compactness, simplicity, and
reliability. However, they face challenges related to low trapping efficiency and significant fuel losses
through the exhaust. Depending on the chosen injection method and intake port design, it's possible to
mitigate these fuel losses [119]. These engines can evolve from traditional carburettors to more
sophisticated low-pressure direct injection systems, increasing trapped fuel and playing a role in the
ongoing powertrain technology transition.

This project, conducted in collaboration with the University of Graz's Institute of Internal Combustion
Engines and Thermodynamics, focuses on their patented 50cc loop-scavenged engine. This engine can run
on conventional gasoline, methane, and has undergone testing with hydrogen as well.

Leveraging experimental data from a 50cc prototype running on hydrogen with a patented LPDI injection
system, an extensive 3D CFD campaign has been executed. The aim is to enhance hydrogen trapping
efficiency through system modifications, including injector positioning and piston shape adjustments.

6.3.1 Motivation of the study

The Low pressure direct injection system developed by the Technology University of Graz [84,119,120]
features a unique design. It utilizes a single injector positioned above the intake boost port. Notably, the
injector's tip is strategically placed to ensure that the piston opens the exhaust port before the injector
activates. This configuration serves to significantly reduce the pressure and temperature of the exhaust
gases, minimizing the risk of damaging the injector tip. To accommodate this placement above the boost
port, the injector is inclined downward, facing the piston.

Figure 98 a cross-section of the engine layout, referred to as 2TE3, is presented. One key feature to highlight
is the piston, colored in orange, which incorporates a drilled hole in the skirt. This hole allows for dual
injection methods. As depicted in Figure 99, fuel can be injected during the scavenging process, when the
piston is in motion around the BDC. Conversely, it is also possible to inject fuel when the piston closes the
transfer ports, directly into the crankcase through the drilled hole in the piston. This versatile design offers
flexibility in the injection timing and process.
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BDC

Figure 99: polar diagram of the LPDI 50cc 2TE3 engine

§ !
Figure 98: cross section of the LPDI 50cc engine 2TE3

The experimental setup for the 50cc LPDI 2-Stroke engine is equipped with an array of advanced sensors
and components aimed at monitoring and controlling its performance. This comprehensive setup includes:

e Fuel Pressure Sensor (PMA P30): This sensor ensures precise measurement of fuel pressure,
contributing to the engine's efficiency and reliability.

e Cylinder Pressure Sensor (AVL GH14D): It plays a critical role in monitoring cylinder conditions,
providing essential data for performance analysis.

e Fuel Coriolis Mass Flow Measurement System: This system accurately measures fuel flow, which is
vital for optimizing the engine's fuel delivery.

e Lambda Sensor (ETAS LA4): Lambda sensor measurements are conducted to maintain optimal air-
fuel ratios, a key factor in engine efficiency.

e Bosch Natural Gas Injector (NGI2): This injector is used for low-pressure fuel injection, enhancing
the engine's combustion process.

In the interest of safety and reliability, a unique feature has been incorporated. In the event of a backfire in
the crankcase, a safety mechanism is in place, which involves creating a hole in the crankcase and securing it
with a cover plate. This setup allows the cover to dislodge if necessary, facilitating the safe release of excess
pressure into the surrounding environment. This additional safety measure ensures the overall integrity of
the experimental setup and the safety of its operation (Figure 100) .
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Figure 100: Hole in the crankcase of the 2TE3 in case of backfire

Experimental data are mainly referred to 3 different injection pressure: 3 bar, 5 bar and 10 bar. These
configurations are compared to the standard gasoline engine. In Figure 101 are reported the experimental
Lambda Value (Fig. (a)) and the brake power (Fig. (b)), some main results can be summarize as follow:

moving from gasoline to hydrogen there is an expected power loss up to 10-15%;
the 3 hydrogen setup obtain similar lambda values and similar power output values;
moving from 5 bar to 10 bar, with the same lambda value, the former seems to be slightly better

Analyzing Table 34 where are reported the main data only at 6000RPM for the 3 H2 injection strategies is
interesting to notice also from here that the brake performances are similar, 5 bar injection pressure seems

to have a better IMEP, while 10 bar injection pressure has the lowest despite the higher amount of

hydrogen injected, nevertheless lambda values are very close.

The aim of the subsequent simulations is to better understand the hydrogen behavior and distribution

during the injection process.

Table 34: 2TE3 experimental data @6000RPM WOT

i’;i:': :3::;: BMEP | IMEP | FMEP | MF_air_in | MF_h2_in | P_injection | DOl | Lambda '":::::d
RPM KW bar bar bar Kg/h Kg/h bar deg mg

6023.22 2.19 432 5.05 0.73 15.15 0.6150 10.14 | 5553 | 1.205 1.70
6015.08 2.16 4.28 5.15 0.88 15.04 0.3544 706 | 5282 | 1455| 0.982
6040.74 257 5.06 6.08 1.02 18.12 0.3568 502| 6187 | 1363| 0984
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Figure 101: experimental results of the 2TE3 engine gasoline VS hydrogen in term of Lambda (a) and Brake Power (b)

6.3.2 CFD 3D simulation methodology

To obtain the proper hydrogen distribution and then optimize the trapping ratio is necessary firstly to
characterize the injector. The injector tip has been reproduced with a 3D CAD software and it’s been
prepared a spray bomb simulation with a big cylinder. Doing so it’s been possible to analyses the mass-flow
dependency from injection pressure and chamber backpressure, as well as the injector discharge
coefficient.

This process is fundamental to further reproduce the injection pattern in the engine simulation since the
testbench gives us only the mean mass flow rate value, but during the simulations is needed the specific
opening and closing ramps.

After the injector characterization the mesh of the engine it’s been prepared for a full cycle simulation,
using the symmetry of the system to reduce the number of the cell and the computational cost.

Multi-cycle simulations are made for a single case, 6000RPM WOT for injection pressure 5 bar, 7 bar and 10
bar, reinitializing pressure, temperature and EGR inside the cylinder every cycle to obtain convergence in
term of in cylinder mass of air and fuel. The comparison with the experimental data is made by means of
some main results and then the fuel trapping efficiency s optimized following the most promising path
instead of using a design of experiments (DOE) to reduce the computational cost.

6.3.3 Injection characterization

The injector bosh NGI2 is a typical natural gas injector for injection pressure between 2 and 10 bar. In the
experimental campaign is fueled with hydrogen with injection pressure between 5 and 10 bar. From the
Figure 102 (b) is possible to reproduce the injector tip in a CAD environment while from Figure 102 (a) is
possible to calculate the opening time (1.7-2 ms) and closing time (0.2-0.4 ms).

From the testbench it is possible to measure the mean mass flow rate value on a full cycle, and from the
injection duration imposed by the ECU is possible to calculate the injected mass per cycle.

|II

To define the “real” injection pattern some information are needed:

e injection start and end crank angle from the ECU
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e injected mass calculated from the mean mass flow rate and the injection duration
e max mass flow rate for a certain injection pressure
e injector real opening and closing ramp

Durchfluk-Messungen am Injektorpriifstand
BOSCH-Injektor NGI2 (n = 2000 1/min)

L/ V

QAo
2 41 0 1 2 3 4 5 6 7 8 9 10 11 12 13 14
Zeit I ms

(a)

Figure 102: injector Bosh NGI2 characteristic curves (a) ad tip picture (b)

From the experimental data is quite clear that the amount of injected hydrogen is too low to allow the
injector to fully open. In Table 35 the injection duration is converted to ms, even with 5 bar of injection
pressure the longest opening time is 1.7ms, the real injection pattern will be closer to the triangular red line
in Figure 102 (a) instead of the blue line. For that reason, a bunch o injection pressures are selected to be
simulated, to be sure to fully catch the behavior of the injector:

Selected injection pressure: 3—-5—7—10 bar

Selected chamber backpressure: 1 -1,5-2—-3-3,5-4—-4,5 bar

Table 35: 2TE3 experimental injection duration

P_inj DOl DOI
bar deg ms
10.14 55.53 1.536
7.06 52.82 1.464
5.02 61.87 1.707

For the simulation the injector is positioned at the top of a big chamber of 100mm diameter in order to
avoid the influence of the chamber walls on the injected flow. The CFD 3D analysis are made with the
commercial software AVL Fire already described. The mesh is made by hexahedral elements from 0.1mm of
mean mesh size in the injector tip to 3mm at the very periphery. The simulations are time depending and
the injection pressure rises from very low value at the beginning to the final value with the injector fully
open for the whole simulation, this strategy enhance simulation stability.
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In the first set of simulations the injection pressure is varied and the chamber back pressure is constantly
set to 1 bat. No specific ramps are imposed, since the focus is the tip discharge coefficient and the
maximum static mass flow rate comparison between the calculated one and the simulated. As it is possible
to see from Table 36 with a fixed Cd of 0.455 the static mass flow rates agreement are quite good, some
differences are due to the approximated value of the Cd and of the fuel density, interpolated by the tables
presented in Reference Fluid Thermodynamic and Transport Properties Database [121].

Table 36: static mass flow hydrogen injector characterization

CALCULATED MASSFLOW RATE

Flow Coefficient - 0.455 0.455 0.455 0.455
Fuel Density kg/m3 0.248 0.412 0.577 0.822
Fuel Temperature °C 20 20 20 20
Hole Area(1 holes) m2 9.68E-07 9.7E-07 9.68E-07 9.7E-07
Injection Pressure bar 3 5 7 10
Cylinder Pressure bar 1 1 1 1
Number of Holes - 4 4 4 4
MF static - Hole kg/h (one Hole) 0.50 0.91 1.32 1.93
MF static - Injector kg/h (Injector) 2.00 3.64 5.27 7.71
CFD3D STATIC RESULT

Kg/s 0.00 0.00 0.00 0.00

kg/h 2.14 3.64 5.13 7.37

g/s 0.59 1.01 1.43 2.05

With the information of the maximum static mass flow rate for every injection pressure it is possible to
calculate the real injection pattern. As previously said the experimental DOl is too short to fully open the
injector for the tested cases, then a triangular shape for the injected fuel is more probable, interpolating the
mass flow rate from zero to the static one calculated and make the whole injection duration coherent with
the experimental one. From the imposed mass flow rate is easy to calculate the injected mass. If the
injected mass is the same as the experimental results, the hypothesis on the triangular injection is coherent

and the real injection pattern is reasonably correct.

It is interesting to underline that with 3bar pressure the injection time to inject the same hydrogen of the
5bar pressure is more than 2ms, so that the injector is fully open and the injection law is more “standard”.

As an example in Figure 103 are reported 2 injection laws: the first is the one of 3 bar (a), considering the
injected mass equal to the one of 5bar, while the second is the one related to 10bar (b) in which is

represented also the interpolation to the mass flow rate if the injector is fully open.
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Figure 103: imposed injection mass flow rate for 3bar (a) and 10 bar (b)

Some of the main results are summarised in Table 37:
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the differences in term of injected mass between the simulated one and the one derived from
experimental data are due to the differences in term of effective opening and closing of the injector
tip, due to the very short time it is probable that the cycle-by-cycle variation can be quite relevant,
moreover the imposed injection laws for different pressure are calculated using the same opening
and closing timing, to reduce the amount of possible variables
the expected maximum pressures in the triangular pattern are very close to the resulting from the
simulations, confirming once again that the injector behavior is correctly represented

Table 37: real injection pattern CFD 3D results compared to experimental data

e | oo | oo | oo | oW [eguea ] o
bar deg ms mg bar Bar
10 55.53 1.54 1.70 1.75 9.07 9.09

52.82 1.46 0.98 1.05 5.86 5.64
5 61.87 1.71 0.98 1.00 4.91 4.94
3 86 2.39 0.98 0.99 3 3.2

Lastly is tested the dependency of the chamber backpressure on the mass flow rate only for the case with
5bar of injection pressure. As previously stated, the chamber backpressure is the only variable changed
between every simulation, keeping constant the injection pressure law and therefore also the injected mass
and mass flow rate. In Figure 104 are reported all the resulted curves of mass flow rates for different values
of back-pressure, from the dotted 1bar (taken as a reference) up to 4.5bar (red line). As it can be expected
at higher pressure gradient correspond higher velocity through the injector holes. If the Mach number rises
the fuel density drop, reducing the mass flow increment. From Figure A.5 in appendix is possible to observe
the dependency here described: the images are taken in the moment of maximum injection pressure and it
is possible to observe that Mach 1 is reached for a backpressure of 3 bar, with higher pressure gradients the
mass flow doesn’t change anymore.
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Figure 104: mass flow rate dependency from the chamber backpressure variation

6.3.4 Injection optimization

the process for evaluation of the fuel trapping efficiency can be summarize as follows:

e mesh of the whole engine, defining the symmetry plane and the piston movement;

e intake mass flow rate definition on the basis of previous experience but scaled on the basis of
experimental mean value;

e injection strategy definition, related to the injector characterization just made;

e multi-cycle simulation with temperature reinitialization to obtain convergence in term of in cylinder
mass distribution and developed flow field, thanks to experimental data the target in-cylinder
pressure is fixed and it is possible to only modify the temperature; full residuals is imposed at every
reinitialization since it happens right before EPO.

On the basis of this methodology the fuel trapping efficiency is calculated at the last cycle as in-cylinder fuel
mass divided by injected mass. For the first group of simulations it is also compared the mean Lambda value
with the experimental one, even if it could be affected by the distance from the cylinder and some fuel can
be burnt outside the cylinder, it is interesting to analyze the trend.

From the results of the first set of simulations, the most promising solutions are further implemented and
tested, making comparison also in terms of physical implementation and feasibility.

The selected operative condition is WOT 6000RPM because is one of the highest tested operative condition
with a good combustion stability, the computational domain is made by the whole engine from the reed
valve to the very end of the exhaust system. The intake boundary condition is a mass flow rate crank angle
based considering the reed valve itself, doing so, when the valve should be closed because of the
backpressure, the mass flow is simply set to zero. The reason to simulate the whole exhaust is to avoid the
implementation and calibration of a CFD 1D model that could help to predict the pressure behavior but it
need a bit of correlation with experimental data. Using the entire exhaust system is possible to set a fixed
output pressure corresponding to the pressure in the test bench cell. The related mesh (Figure 105) is made
by hexahedral cells with mean cell size of 2mm and refinement in the more interesting portions such as
transfer and exhaust ports, cylinder, and injector volume. Thanks to the symmetry of the engine is possible
to simulate only half of it, counting the total number of cells at BDC of 286000 cells.
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The amount of cells will vary changing the injector position and especially the piston shape.

Figure 105: 2TE3 computational volume

In the first round of simulations the experimental setup is replied and it will be taken as a reference for the
further comparisons. As depicted in Figure 106 the injector is positioned downward and the piston shape is
standard. As for the injector characterization the considered injection pressure are 3-5-7-10 bar, with their
specific injection laws. To define every injector modification during the whole project is used a
nomenclature specific for every case: injection pressure that identify also the specific injection pattern + the
major modification.

As an example in the first round is possible to identify the 5 bar simulation with the injector positioned in its
standard position, i.e. DownWard, the simulation is named 5bar_DW.

Figure 106: 2TE3 injector downward position

As an example, it is reported in Figure 107 the main in-cylinder results for the simulation with 10 bar of
injection pressure and the injector positioned downward (reference name 10bar_DW) after 5 consecutive
cycles. It is possible to see the cylinder reinitialization before every EPO in the cylinder pressure (a). At least
5 cycles are made to reduce the differences in term of equivalence ratio, even if for the total mass 3 cycle
could be enough.
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Figure 107: 2TE3 10 bar - downward simulation, in-cylinder pressure (a), in-cylinder mass (b), in-cylinder hydrogen mass (c), and
equivalence ratio (d)

In Table 38 are reported the main results for the first round of simulations in terms of trapped hydrogen
mass, trapping ratios and lambda values compared to the experimental one. As previously said the
comparison with the experimental lambda is affected by the distance between the cylinder and the lambda
sensor, that can cause a variation in the exhaust gas composition. To confirm this hypothesis at 10bar the
injected mass is almost the double than in the other cases and the simulated lambda value is very rich,
nevertheless the experimental lambda value is very lean and close to the others.

Table 38: 2TE3 results comparison from the first round of simulations

3bar_DW | 5bar_DW | 7bar_DW | 10bar_DW
tot H2 cyl mg 0.571 0.544 0.516 0.789
injected h2 mg 0.99 1.001 1.001 1.76
trapping ratio % 57.0 54.3 51.5 44.8
Lambda 1.25 1.31 1.26 0.81
exp lambda - 1.36 1.46 1.21

For the second round of simulations, only the injection pressures at 3 bar and 5 bar were retained. The first
one to further assess the importance of injection time, and the second one because it achieved a high
trapping efficiency and has a medium injection value, between the minimum and the maximum.
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The injector position is changed upside-down, with the injector tip directed upward, toward the head. As
shown in Figure 108 only the injector is modified between the already tested geometry (a) and the new test
(b). All the other geometry, mesh, boundary and initial conditions remain the same. Also here a full set of

multi-cycle simulations are performed with in-cylinder pressure and composition reinitialization until

stationary conditions are reached.

B
oA

Figure 108: second round of simulations, injector downward (a) and upward (b)

%

b

(b)

In Table 39 are reported the main results of the second round of simulations, with the injector positioned
UpWard. The trapping ratio is drastically increased for the 5bar injection, while is very close to the 57.1% of
the 3bar_DW. In the Figure 109 are reported the simulations performed at 3 bar and 5 bar in the last cycle

corresponding to 280CAD when the turbulence is high and the injected mass of hydrogen is still clearly

visible before its complete mixing. Figure (a) and (b) are related to the simulations performed at 5bar with

the injector positioned DW and UW. The same for figures (c) and (d) for the 3 bar injection pressure. The

improvement in term of hydrogen mass inside the cylinder, the presence in the intake boost port and in the

exhaust port is quite evident, moving the injector upward perform the best solution.

This new position is not further improved or optimize because it is impossible to implement in the real

engine.

Table 39: upward injector simulations main results

3bar UW | 5bar UW
tot H2 cyl mg 0.575 0.634
injected h2 mg 0.99 1.001
trapping ratio % 58.1 63.3
Lambda 1.21 1.08
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3bar_DW @280CAD (c) 5bar_UW @280CAD (d)
Figure 109: hydrogen mass fraction at 280CAD for 5bar_DW(a), 5bar_UW(b), 3bar_DW(c), 3bar_UW(d)

For the third round of simulations, only the law at 5 bar pressure was considered. In this case the tests
operated to see the influence of injector position and piston shape. Figure 110 report the focus on the two
main modifications: in figure (a) and (b) the injector is in its standard DW position, while the piston shape is
varied, designing a bow!| with the purpose of create a fuel recirculation instead of exiting from the exhaust.
In figure (c) is reported the injector positioned in a higher position with respect of the standard. The injector
was raised so that injection could be postponed without excessively raising the temperature at the injector
tip. As can be seen in Figure 112 the EOIl was postponed from 232.5 deg to 243 deg.

Figure 111 shows the comparison in term of in-cylinder temperature (red line) and temperature inside the
injector (blue lines). Positioning the injector higher, as expected, make the temperature increase up to
100°C. This outcome is probably too much high for the real injector but is still interesting for what may
concern the trend analysis.

A set of multi-cycle simulations are performed with in-cylinder pressure and composition reinitialization
until stationary conditions are reached.

143



b
(b) ~
(a) ()

Figure 110: third round of simulations, injector DW with bowl(a), focus on the bowl! shape(b) and injector DW higher position (c)
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Figure 111:in-cylinder temperature compared with injector tip temperature for the standard and higher positions
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Figure 112: in-cylinder pressure and injectrion strategy comparison
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Figure 113 shows the mass fraction of hydrogen at 245CAD, after closing the intake port and at the end of
injection: in figure (a) the hydrogen slides over the piston bowl and exits the exhaust while in figure (b) the
hydrogen remains inside the cylinder, showing significantly less hydrogen from the exhaust.

S5bar_bowl @245CAD (a)

0.01

Sbar_high @245CAD (b)
Figure 113: hydrogen mass fraction at 280CAD for 5bar_bow! @245CAD(a), 5bar_high @245CAD(b)

In Figure 114 the same comparison is made at 280 CAD, precisely when the injector is closed, and all
volumes are in isolation. This allows us to analyze the masses of fuel in the cylinder, exhaust, and intake.
Notably, there is a significant disparity in the exhaust between figures (a) and (b). The implication is that the
specific design of the combustion chamber does not contribute to retaining hydrogen within the cylinder
but rather aids in the formation of the tumble vortex.
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The results of the third-round simulations shown in Table 40 confirm what is shown in the images: the

S5bar_high @280CAD (b)
Figure 114: hydrogen mass fraction at 280CAD for 5bar_bowl @280CAD(a), 5bar_high @280CAD(b)

trapping efficiency of the piston with the bowl is lower than the standard case while the solution with the

injector placed higher to delay the end of injection has an enhancing effect. As in the case of the upward
injector, however, this solution is difficult to apply to the real case, opening the exhaust port and the
injector tip together results in excessively high temperatures.

Table 40: 5 bar injector simulations main results with bowl shaped piston and higher injector

Sbar Sbar
bowl high
tot H2 cyl mg 0.517 0.63
injected h2 mg 1.001 1.001
trapping ratio % 51.7 63
Lambda 1.39 1.12

As a final round of calculations, some configurations were tried that could improve aspects of all the above

while keeping 5bar as the injection pressure:
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e the height of the injector tip is left standard, so as to keep the temperature in the injector under
control.

e the position of the injector in the "horizontal" configuration is drawn by placing the injector
horizontally but with an upward deflection in order to direct the flow of hydrogen as the UW
injector would do.

e the shape of the piston instead of being modified with a bowl is modified with two different fins,
called "noses" of increasing size so as to use the STD configuration for the injector but be able to
actively deflect the incoming hydrogen flow.

These considerations result in 3 geometries as in Figure 115 where they are shown in order: 5bar
nose_01(a), 5bar nose_02(b) and 5bar horizontal(c).

5bar nose_01(a) S5bar nose_02(b) 5bar horizontal(c)
Figure 115: fourth round of simulations, 5bar nose_01(a), 5bar nose_02(b) and 5bar horizontal(c)

After The usual reinitialization cycles to obtain steady-state conditions the main results are shown in Table
41: contrary to expectation, by increasing the size in the nose the amount of hydrogen trapped decrease.
The horizontal solution with the std piston on the other hand seems to be the best resuming the upward
simulation result.

Table 41: 5 bar injector simulations main results with nose and horizontal configurations

Sbar Sbar Sbar

nose_01 | nose_02 | horizontal

tot H2 cyl mg 0.615 0.58 0.659
injected h2 mg 1.001 1.001 1.001
trapping ratio % 61.4 57.9 65.8
Lambda 1.11 1.18 1.04

The results are presented at two characteristic engine angles: 245CAD after the end of injection and
280CAD time when the injector is closed, and all volumes are independent.
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Figure 116 shows the mass fraction of the case with the smaller nose, the effectiveness of hydrogen
diversion is clearly visible in fig (a), while fig (b) shows a good degree of in-cylinder charge homogeneity and
little fuel at the exhaust.

Figure 117 (a) on the other hand shows that the larger nose works worse as a deflector, the hydrogen
remains concentrated near the injector, as a result we have less trapping as more fuel returns to the boost
port and will be lost to the next cycle, and results in less homogeneity of charge at 280CAD (fig (b)).

Figure 118, on the other hand, shows the mass fraction of hydrogen for the horizontal injector
configuration, again at 245CAD and 280CAD. the 45deg upward directed injector port directs the hydrogen
very well toward the centre of the cylinder, however a small fraction of fuel however tends to be attracted
to the exhaust. At the end of injection much of the injected fuel remains in the cylinder as also shown in
Table 41.
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5bar nose_01 @280CAD (b)
Figure 116: hydrogen mass fraction for 5bar nose_01@245CAD(a), 5bar nose_01@280CAD(b)
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S5bar nose_02 @280CAD (b)
Figure 117: hydrogen mass fraction for 5bar nose_02@245CAD(a), 5bar nose_02@280CAD(b)

Sbar horizontal @245CAD (a)

149



5bar horizontal @280CAD (b)
Figure 118: hydrogen mass fraction for 5bar horizontal@245CAD(a), 5bar horizontal@280CAD(b)

In conclusion Figure 119 report the hydrogen trapping efficiencies of the main tested solutions. 5bar with
piston bowl has the worst result because of the slip of the hydrogen directly to the exhaust. The horizontal
solution appears to be the best one also considering that the UW and ‘high’ are not feasible due to
technical constrains. Considering only 5bar pressure injection strategies the overall H2 trapping efficiency is

increased from 54.3% up to 65.8% (+21%).

Sbar 5bar UW 5bar Sbar 3bar UW 5bar 3bar DW 5bar DW 5bar
horiz high nose_01 nose_02 bowl
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Figure 119: hydrogen trapping efficiency for all the simulations performed
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6.4 Conclusions

This comprehensive study delves into the potential of 2-stroke cycle engines, focusing on hydrogen direct
injection technology. 2-stroke engines, known for their exceptional power-to-weight ratios, can excel when
utilizing lean lambda mixtures of hydrogen. Enhancing scavenging efficiency in these engines can nearly
double the delivered brake power compared to their 4-stroke counterparts. Achieving this involves
appropriately sized supercharging systems and potential hybrid solutions for greater control.

The initial study involves a CFD analysis of a 0.9 L H2 DI 2-stroke 3-cylinder engine with intake and exhaust
poppet valves. Three supercharging systems are evaluated: 1) single mechanical supercharger; 2) variable
geometry turbocharger with mechanical supercharger; 3) variable geometry turbocharger with an electric
supercharger. The combustion process mirrors that of a conventional 4-stroke H2 DI engine, calibrated using
published experimental data. CFD-3D simulations are conducted to optimize cylinder design, intake and
exhaust port geometry, and combustion chamber configuration to enhance scavenging and trapping
efficiency up to 74%.

Compared to a traditional 2-stroke loop scavenged engine with piston-controlled ports, poppet valves offer
more flexible gas exchange control but pose challenges in avoiding fresh charge short-circuiting. The study
compares different 2-stroke engine configurations and includes a real 4S H2 DI 4-cylinder 2.0 L engine as a
reference. The results demonstrate undeniable advantages for the 2-stroke cycle, particularly in terms of
brake performance, with specific power more than doubling and a higher and flatter specific torque curve.
However, a reduction in thermal efficiency is observed at full load, primarily with the simpler design using a
single mechanical supercharger. At partial load, the differences diminish, and the 2-stroke VGT engine with
an electric supercharger becomes the most efficient configuration.

Preliminary CFD-1D simulations show limited advantages in using the electric supercharger compared to a
standard mechanical supercharger with electronically controlled bypass.

Another aspect of the study focuses on a preliminary investigation of an Opposed Piston 2-Stroke single-
cylinder engine designed for hydrogen operation. The engine, initially conceived as an electric generator,
shows promise for various applications, including light commercial vehicles. CFD-1D simulations indicate
that a 1.2 L OP H2 engine, assisted by a conventional mechanical supercharger, can deliver up to 45 kW at
3000 rpm with minimal pollutant emissions. Maximum BTE of approximately 50% is achieved at 2000 rpm,
with the engine delivering maximum brake torque and power of about 170 Nm and 35 kW, respectively. The
broad range of BTE above 40% covers all loads higher than 30%.

Lastly, the study involves the conversion of a more conventional 50cc small loop-scavenged engine to run on
hydrogen. The low-pressure direct injection system positions a single injector over the intake boost port,
with a hole in the piston allowing injection into either the cylinder or the crankcase. The primary focus is on
enhancing hydrogen trapping efficiency, achieved through different injector configurations and piston shape
modifications. Calibration of the CFD 3D injector involves multiple pressure levels and accounting for
backpressure's influence on mass flow rates. Several injector positions are explored, especially at a 5-bar
injection pressure, including rotation from downward to upward and horizontal positioning with a
machining adaptation to deflect hydrogen upward. The latter configuration shows the most promise,
improving hydrogen trapping efficiency by 21% and offering a practical solution with only the need to
modify the injector casing.
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7 Conclusions

The main goal of the thesis is to explore the potential of different types of 2-Stroke engines, including
innovative combustion processes, such as Dual Fuel Reactivity Controlled Compression Ignition (DF-RCCI). In
this context, as low-reactivity fuels in combination with diesel | considered: gasoline, biogas, and natural
gas, along with different hydrogen blends to enhance combustion speed and efficiency. Some comparisons
between 4-Stroke and 2-Stroke solutions are made in terms of Brake thermal efficiency (BTE), performance,
and specific emissions, in both DF-RCCI mode and using pure hydrogen as a single fuel. Electrification,
together with 2-Stroke engines can provide a series of benefits such as high specific power high power-to-
weight ratios and higher energy efficiency in term of BTE and fuel consumption. These technologies are also
being explored for use in aircraft engines and high-performance automotive engines, as the specific
requirements in these two fields demand distinct solutions

The 2-stroke cycle with Uniflow scavenging (set of inlet ports controlled by the piston movement and
exhaust poppet valves) demonstrates to be a promising platform for RCCl combustion systems. Passing from
standard diesel to RCCI, regardless the number of strokes of the cycle, consistently leads to significant
reductions in NOx and soot emissions of more than 1 order of magnitude, even if at the cost of an increase
of HC and CO emissions (HC passes from 0.02 g/kWh to more than 2 g/kWh): however, this issue can be
managed by means of a cost-effective Oxidation catalyst. Additionally, the switch to RCCl improves BTE and
makes the 2-stroke engine as a very interesting alternative, especially for achieving high power density
without affecting the complexity of the power-unit. Across the entire operational spectrum spanning from
1500 RPM to 3500 RPM, the 4-stroke RCCI model engine achieves a notably high BTE exceeding 40% at low
to medium RPMs. However, as engine speed climbs above 3000 RPM, the 4-stroke engine experiences a
drop in BTE, below that of the 2-stroke RCCI model. This reduction in BTE for the 4-stroke engine at higher
RPMs is attributed to the increased weight of pumping and mechanical losses compared to the more
efficient 2-stroke engine. Consequently, the 2-stroke engine manages to maintain a 38% BTE at these
elevated engine speeds.

Considering medium and low loads, dual-fuel combustions may enhance the performance and the
efficiency even in comparison to a standard diesel engine. Different piston bowl shapes are analyzed along
with injector position and spray angle. The combustion chamber design is varied in a range between 23mm
of radius and 38mm (28mm reference piston bowl radius): in this range it has been found that the standard
piston bowl provides an excellent balance between efficiency and emissions at full load, also with an
optimization of injector depth and spray angle for the different bowl shapes. Using a deeper cylindrical bowl
with a smaller radius it is possible to extend the advantages also at partial load, resulting in a reduction up
to 38% in NOx emissions at the same Gross Indicated Mean Effective Pressure (GIMEP) as the STD bowl. At
very low loads (BMEP=2bar), with a diesel substitution of 80%, dual fuel combustion with Natural Gas
presents major problems: BTE drops of about 12%, CO and NOx emissions rises abruptly due to combustion
instabilities. The introduction of hydrogen up to 30 vol% strongly helps to speed up the combustion phase,
increasing both combustion efficiency (about 31%) and stability, and also reducing emissions. CO and UHC
emissions dropped significantly by 54.1% and 70.4%, respectively, and a NOx emissions reduction by 15.9%
is demonstrating the overall environmental benefits of hydrogen addition.

The Uniflow 2-Stroke design is the mainstream technology for large bore diesels, but it requires a specific
optimization when the displacement is medium or small. At the time of writing this thesis, emission
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regulations in the aircraft field are not very restrictive, making it a good testbed for different 2-stroke
solutions, such as the Uniflow with valves or the loop scavenged, running on diesel/kerosene or gasoline.

At first, a 2-stroke, 6-cylinder Cl aircraft engine with a total displacement of 5.6 L was analyzed by means of
CFD-1D simulations, supported by experimental data. Key performance features include the ability to
deliver up to 400 HP for a short time at 2600 rpm, with a direct coupling to the propeller. The Brake Specific
Fuel Consumption (BSFC) is expected at 210-215 g/kWh during typical cruise conditions, along with a peak
cylinder pressure lower than 100 bar. The engine can be easily modified to run on different fuels, such as
kerosene, making it suitable for military applications. The engine is simulated at both sea level and at high-
altitude conditions (12000-18000 ft), optimizing turbo-matching and also taking care of aspects such as the
operating conditions of the turbocharger remain far from the speed limit.

Another study in the aircraft field (highlighting the great adaptability of these 2S concepts on different field
applications) consisted in the numerical optimization of a 2-stroke, 3-cylinder Sl engine with a displacement
of 1.2 L, rated at 110 kW at 6000 rpm. The engine features a parallel hybrid configuration, an external
centrifugal compressor, and an innovative semi-direct low-pressure fuel injection system. The reasons for
these choices are related to the high flexibility of the parallel hybrid configuration, enhancing high power
output during take-off and offering the possibility to drive either the electric motor or the thermal engine
during cruise conditions. The most important numerical results from CFD-1D simulations at full load include
low average peak cylinder pressure (less than 60 bar), low thermal loads (BMEP less than 9 bar), and good
Brake Thermal Efficiency (about 32%) at high speed. The engine also achieves BSFC less than 260 g/kWh at
high-medium engine speed and high fuel trapping efficiency (over 90%) at medium-high speed thanks to
the injection system made up of two low-pressure injectors positioned in the transfer ports facing the
cylinder.

Hydrogen can be used as a fuel in addition to natural gas, as previously discussed, but also as a stand-alone
fuel. Its implementation in 4-Stroke engines, however, is far from trivial as it requires significant
modifications to the standard design. The combination of combustion stability and ultra-low NOx emissions
can be typically found with ultra-lean mixtures (lambda=2.3-2.8), and therefore, a high amount of fresh air
entering the cylinder is required. In a conventional 4-stroke engine, this generally results in a performance
drop or the use of cumbersome supercharging systems. The 2-stroke cycle can counterweight this drop,
reaching a good trade-off between emissions and brake output performance, but it requires some specific
development.

The potential of a reverse loop engine with poppet valves for both intake and exhaust has been evaluated in
the high-performance automotive field. A DI-SI 2-stroke 3-cylinder 0.9 L engine featuring three different
types of supercharging layouts: 1) a single mechanical supercharger; 2) a variable geometry turbocharger
supported by a mechanical supercharger; 3) a variable geometry turbocharger supported by an electric
supercharger. The design of the 2S cylinder is supported by CFD 3D simulations: a particular reference to the
geometry of the intake and exhaust ports and the implementation of a masking fin, helped to increase the
scavenging and trapping efficiency up to 74%. The comparison shows that the 2-stroke cycle offers
indisputable advantages in terms of brake performance (specific power is more than doubled, the specific
torque curve is higher and flatter), with almost negligible NOx emissions. On the other hand, a reduction in
BTE is observed at full load, particularly evident for the simpler design (single mechanical supercharger) due
to the energy spent on driving the supercharger. For the 4S reference engine the BTE curve at full load is
almost flat all over the operating range, with a maximum of 40% at 2500 RPM. The simplest solution, i.e.
the 2S single stage, despite the high specific performances is strongly affected by the power absorbed by
the supercharger that makes the BTE drops to a minimum of 26% at 3500 RPM, and never above 33%.
However, at low loads, the most efficient configuration becomes the 2-stroke VGT engine with an electric
supercharger. BTE are comparable for both full and partial load but the brake performances are more than
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doubled at full load (almost 40kW/I for the 4S to almost 100kW/I for the 2S engine with VGT and electric
supercharger).

The evaluation and improvement of trapping efficiency is analyzed in collaboration with the Technical
University of Graz (TU Graz) for a small 50cc loop scavenged engine featuring a low-pressure direct injector
positioned above the intake boost port. The detailed results show an improvement of up to 21% (from
54.3% to 65.8%) by changing the injector configuration without any other modifications. Specifically, instead
of the baseline injector directed toward the piston, the injector is positioned horizontally with a hole in the
injector housing to deflect the hydrogen flow upward.

The use of hydrogen in 2-Stroke engines is effective, but to ensure BTE and trapping efficiency as high as a 4-
Stroke engine with all the benefits of a 2-stroke engine, a different architecture is needed: an opposed-
piston engine running on hydrogen is preliminarily evaluated for a gen-set application. The 1.2 L opposed-
piston H2 engine, assisted by a conventional mechanical supercharger, can deliver up to 45 kW at 3000 rpm,
with near-zero pollutant emissions. Trapping efficiency is always above 90% but can reach 100%, 4S-like
condition, modifying the pressure across cylinder by means of a backpressure valve positioned downstream
the exhaust line. The condition of maximum BTE=50% is reached at 2000 rpm, where the engine delivers its
maximum brake torque of about 170 Nm (BMEP=8.9 bar) and a brake power of about 35 kW.

In conclusion, 2-stroke engines can be very effective in improving BTE by improving air and fuel trapping for
various applications. The use of dual-fuel combustion can be fully proficient in reducing NOx emissions and
increasing combustion stability at low load. At higher engine speeds and loads, 2-stroke uniflow engines are
very effective in RCCl mode, showing almost double the performance of corresponding 4-stroke engines,
while also improving BTE and reducing NOx and soot emissions by about an order of magnitude. The use of
hydrogen as a single fuel in 2-stroke engines is very promising for several reasons:

e Level of BTE comparable to or higher than corresponding 4-stroke engines
o Almost double performance for comparable operating conditions and lambda values
e More compact and flexible supercharging and turbocharging systems.

Further studies of this thesis should be directed towards two main paths: on one side, the conversion of
existing diesel engines into more sustainable DF diesel-hydro methane combustion, with new piston bowls
to experimentally test their real efficiency. On the other side, although the available experimental data in
literature on 4-Stroke hydrogen engines seem very promising, a deeper investigation on unconventional 2-
Stroke solutions proposed in this work can determine a suitable and environmentally effective green
alternative for several application fields.
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Figure A. 1: Temperature, n-C10H22 mole fraction, CH4 mole fraction and OH mole fraction on two cut planes coincident with the
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Figure A. 2: Charge mixing process from 270 CAD aTDC to 327 CAD aTDC. Three orthogonal planes in the combustion chamber are
displayed together with the lambda value of the mixture. The exhaust port is located at bottom right side of every image. It is
possible to see also fuel droplets from 270 to 291 CAD aTDC during their mixing process. At 327 CAD ATDC there is a rich volume
under the injector but a very lean area in the combustion chamber outline, reducing the risk of auto-ignition due to end gas.
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Figure A. 3: Scavenging process between 118 CAD aTDC to 268 CAD aTDC of the geometry called EVO running at 6000 rpm. 02
mass fraction is visualized in order to fully understand the gas exchange process. The loop formed by the fresh charge flux is clearly
visible at 248 CAD aTDC. Two waves are evident: the first one from the cylinder to the intake volume at transfer port opening while
the second one during the transfer port closing from the exhaust to the cylinder.
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Figure A. 4: velocity field and scavenging process in a cylinder cross-section of the reverse loop best CAD configuration
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Figure A. 5: Mach number and flow density dependency from the chamber back pressure for the triangle 5bar injection strategy
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